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Der Unterschied zwischen Theorie und Praxis
ist in der Praxis weit hoher als in der Theorie.

The difference between theory and practice
is by far greater in practice than in theory.
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Abstract

This thesis presents a control algorithm for semi-active suspensions to reduce the braking
distance of passenger cars. Active shock absorbers are controlled and used to influence
the vertical dynamics during ABS-controlled full braking. In today’s series cars the active
shock absorbers are switched to a passive damping—usually hard damping—during ABS-
braking. Several approaches to reduce oscillations of vertical dynamic tire forces are known,
implemented and some of them tested in non-braking situations (refer to Yi', Valasek?,
and Nouillant?).

The approach presented in this paper goes a step further by connecting the vertical with
the longitudinal dynamics. To influence the vertical dynamics a switching control logic,
called MiniMax-controller, is used. It is named after the fact that it changes only from
soft to hard damping and vice versa. A control quantity was identified that connects the
vertical dynamics with the longitudinal dynamics: the integral of dynamic wheel load.
The control algorithm is implemented in a compact class passenger car. Simulations with
a quarter-car model have been undertaken as well as tests on a 4-post-test rig, driving
tests with defined excitations (like defined obstacles), and test drives on a real road, using
a braking machine for reproducibility reasons.

It could be shown that it is possible to reduce the braking distance by affecting on the
vertical dynamics of a passenger car in general. The amount of reduction depends on the
elevation profile of the chosen testing track and on the initial velocity. On a road with an
unevenness comparable to the one that is found on a typical German Autobahn a reduction
of typically 1-2 %, compared to the best passive damping, was achieved.

'Yi/Wargelin/Hedrick (1992): Dynamic Tire Force Control by Semi-Active Suspensions.
2Valagek et al. (1998): Pergamon—Control Engineering Practice.
3Nouillant /Moreau/QOustaloup (2001): Hybrid Control of a Semi-Active Suspension System.
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1 Introduction

1.1 Classification of Suspension Systems

In automotive engineering the suspension system serves several purposes: First of all it
must carry the weight of the car. In combination with the other demands on the suspension
system this is not the trivial task that it might seem to be. Due to changing loads the
weight of the car can vary considerably. This change in weight should influence the ride
and the handling performance as little as possible, because a driver does not accept a
substantial change of his vehicle’s behavior.

Secondly the suspension system has to guarantee a high handling performance, which is
usually measured in terms of a low value of RMS on dynamic wheel load®. This is based
on the assumption that the lower the amount of oscillations in the vertical tire forces, the
higher is the overall force transmission in horizontal direction.

Finally the suspension systems should serve a high passenger riding comfort, which is
usually measured in terms of vertical acceleration of the car’s body. Basically, the lower
the RMS on vertical body acceleration, the higher the riding comfort.

All those demands on the suspension system—Ilooked at each of them individually—
lead to different solutions both in terms of construction and in terms of sets of optimal
parameters for a given construction. This means that with a passive suspension system,
for which parameters cannot be changed during operation after being defined once, the
solution will always be a compromise. As for the parameters, the most common ones
to change are the body spring stiffness cg and the body damping kg. For linear passive
systems those parameters are constant and positive, for nonlinear passive systems they
only depend on the spring displacement sg, respectively on the damper velocity vp, where
the damping factor can depend on both: ¢g = ¢g(ss) > 0V ¢ and kg = kg(vp, ss) > 0 V t.

To solve the upper mentioned conflict of objectives in a better manner, adaptive sus-
pension systems have been introduced. Their parameters can be adjusted during the life
cycle of the vehicle, in some of them parameters can even be adjusted while driving. The
time period of the adjustment in adaptive suspension systems is rather long. It differs
from a few hours (if the suspension needs to be dismantled for changing the parame-
ters) down to a couple of seconds. Some of the adaptive suspension systems introduced
were not controlled electronically, but they changed their damping characteristics being
controlled mechanically?. Examples for those systems are adjustable torsion spring sus-
pensions, shock absorbers with different damper states, or air suspensions for heavy trucks.
Adaptive suspension systems serve to adjust the suspension parameters to slowly differing
surroundings. In case of a heavy truck the level can be adjusted while loading, in case of
a sports car the damping can be lowered for long highway drives in order to increase the

I'Wheel load is the vertical component of the tire force, the force that acts between pavement and tire.
For a definition of dynamic wheel load and the RMS on this quantity please refer to section 4.1.
ZN.N. (1995b): ATZ Automobiltechnische Zeitschrift 97 [1995].



1 Introduction

riding comfort, etc. For heavy trucks it is also known to combine adaptive air springs with
adaptive shock absorbers. In the case of Pneumatic Damping Control (PDC) the damping
coefficient is adjusted to the actual loading situation®. This system is another example for
an adaptive suspension that is controlled mechanically without making use of electronic
sensors or actuators.

All adaptive suspension systems have in common that they are not suitable for high
frequency purposes above approximately 0.5 Hz. Those are the frequencies that need to
be reached when controlling transient handling and riding effects. For example, if one
wants to react to a bump on the road, this can only be assured if the time delay between
switching the suspension parameters and its taking effect is very short.

This led to the development of semi-active suspension systems, in which the parameters
can be changed in a rather small time frame. Frequencies that can be served by semi-
active suspensions lie between zero and approximately 30 Hz for passenger cars. This is
because the eigenfrequencies of passenger cars lie at approximately 1-3 Hz for body motions
(vertical and pitching) and approximately 15Hz for vertical wheel motions. With those
systems it is possible not only to adjust damping and stiffness to the needs of a given
road, but also to react on this particular road’s small scale bumps and holes. Examples
for semi-active suspension systems are electro-* or magneto-rheologic shock absorbers®, or
CDC-dampers®.

In the 1980s some BMW 635 CSi were equipped with shock absorbers that are adjustable
in three different damping stages’, the system being called Electronic Damper Control
(EDC). Toyota developed its Toyota Electronic Modulated Suspension (TEMS) system
already in 1983 and in the early 1990s a control algorithm was introduced that made use
of wheel stroke sensors to measure body rolling and pitching and to prevent it by changing
the shock absorbers to their hardest setting (refer to Kojima®). Adaptive and semi-active
suspension systems have in common that for them the stiffness cg and the damping kg do
not only depend on the spring displacement sg and the damper velocity vp, but they are
also time-variant: cg = cp(ss,t) > 0V ¢ and kg = kg(vp, ss,t) > 0V ¢. Still cg and kg
are positive for all times, which means that those systems can only dissipate or conserve
energy.

In active suspension systems energy can not only be dissipated or conserved, but it can
rather be brought into the system. For this purpose hydraulic or pneumatic actuators are
used. Active suspension systems are characterized by the fact that their stiffness c¢g and
damping kg coefficients do not only depend on the spring displacement sg, the damper
velocity vp, and the time ¢, but they can also adopt negative values: c¢g = cg(ss,t) and
kg = kg(vp, ss,t). By means of such systems it is possible to let the vehicle’s body follow
a given path, e.g. to keep the body horizontal while driving a curve. The disadvantage of
active suspension systems compared to semi-active ones is the enormous amount of power

3Causemann (2001): Kraftfahrzeugstodampfer pp. 64-65.

“N.N. (1995a): ATZ Automobiltechnische Zeitschrift 97 [1995].

SPetek etal. (1999): Demonstration of an Automotive Semi-Active Suspension Using Electrorheological
Fluid.

6Irmscher /Hees/Kutsche (1999): A Controlled Suspension System with Continuously Adjustable Dam-
ping Force.

"Hennecke/Jordan/Ochner (1987): ATZ Automobiltechnische Zeitschrift 89 [1987].

8Kojima et al. (1991): Development of New Toyota Electronic Modulated Suspension—Two Concepts for
Semi-Active Suspension Control.



1.2 State of the Art

that is needed to fulfill its purpose. An example of an active suspension system is the
Active Body Control (ABC) by Mercedes-Benz?. New developments could lead to systems
in which the energy that usually is dissipated by the suspension is stored in batteries, high-
caps, or other energy storages to use it at times when putting energy into the suspension
is needed. Tonoli'® and Zador!'! suggest shock absorbers on basis of electric generators,
the Bose Corporation in 2004 presented a suspension system where electric motors work
as actuators and generators at the same time!2.

To reduce the amount of power needed for the active suspension, in most of the cases a
conventional spring-damper-system supports the static weight of the vehicle’s body. The
active elements only control displacements from the static equilibrium. Still, even active
suspensions have to face the problem that every boost in wheel load automatically leads
to a rising vehicle’s body. The only exception is if due to the over-determinedness of
the system (four wheels = four vertical supporting points) wheel load is increased at the
diagonally lying wheels and decreased at the other two wheels. Then and only then the
additional wheel load will not lead to a lifting of the body but to a distortion of it. But
neglecting this very special case, the amount of possible wheel load increase is limited by
the spring travel, which can be even more limiting than the lack of energy supply in case
of semi-active suspensions. While it is relatively easy to control the body movement, since
the vehicle’s body can lean on the wheels and therefore on the unmoveable pavement,
there are more limitations for the control of wheel load. The wheels can only lean on the
vehicle’s body, which is not fixed, but rather moves up- or downwards if a force is applied
to it.

Summarizing, the need to control the suspension parameters led to the development of
first slowly, later rapidly adjustable semi-active suspensions, and to active suspensions in
which an external power supply is necessary. Figure 1.1 shows the classification of suspen-
sion systems described. All those new technologies provide a tool to purposefully influence
the vertical dynamics of a vehicle, which was not possible before those technologies had
been introduced. This tool at hand can be applied to either influence the upper part of
the suspension strut—the movement of the vehicle’s body—, or to influence the lower part
of the suspension strut—the wheel and its vertical force applied to the ground.

1.2 State of the Art

Control of Horizontal Dynamics in Today’s Series Cars

The control of the horizontal dynamics of passenger cars—whether longitudinal or lateral
dynamics—is well known in today’s series applications. Electronic vehicle dynamics control
systems are widespread from subcompact-sized cars up to the luxury class.

The Antilock Braking System (ABS), developed by Robert Bosch GmbH and introduced
in the Mercedes-Benz S-Class in 1978, can be found nowadays in almost every new au-

9Wolfsried /Schiffer (1999): Active Body Control (ABC) - das neue aktive Federungs- und
Diampfungssystem des CL-Coupés von DaimlerChrysler.

0Tonoli et al. (2006): Electromagnetic Shock Absorbers for Automotive Suspensions: Electromechanical
Design.

"1Z3dor /Falvy /Palkovics (2006): Electro-mechanical Suspension Actuator with Energy Recuperative Fea-
ture.

12Bose Corporation (2004): Bose Suspension System.
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Figure 1.1: Classification of suspension systems by Redlich!3.

tomobile in the European Union. This system acts on the longitudinal dynamics of the
vehicle only, by modulating the braking torque and with this the braking slip and braking
force (for a more detailed explanation refer to section 2.3.1). It has no explicit coupling
to the vertical or the lateral dynamics implemented. The maximum braking pressure at
a wheel (and connected to it: the maximum braking torque) that can be applied by the
ABS is limited by the one in the main braking cylinder. This one is preset by the driver.
If the driver is not braking at all the ABS is disabled!?.

Another system that can be found in more and more new automobiles is the so called
Electronic Stability Program (ESP). Developed by Robert Bosch GmbH and introduced in
1995 in the Mercedes-Benz S-Class, it goes a step further by connecting the longitudinal
with the lateral dynamics. It brakes at least one wheel automatically (i.e. without the
drivers intention) if the vehicle comes close to an unstable situation. The decision if a
situation is unstable or not is based on the comparison of the desired course, calculated
by means of the driver’s inputs steering angle and vehicle speed, with the actual course,
measured by means of the yaw-rate and the lateral acceleration. By braking one wheel
in case of the vehicle approaching an unstable situation, a longitudinal force—the braking
force of the braked wheel—is used to influence the lateral dynamics—the yaw-rate and the
sideslip angle.

Thus, ESP is a system that connects the control of longitudinal tire forces with the
effect on lateral tire forces. Although the vertical dynamics play a role in the sense that

13Redlich/ Wallentowitz (1999): Vehicle Dynamics with Adaptive or Semi-Active Suspension Systems De-
mands on Hardware and Software p. 437
14Robert Bosch GmbH (1999): Kraftfahrtechnisches Taschenbuch p. 662.
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the lateral and the longitudinal dynamics are influenced by the vertical dynamics, this
connection is not implemented in the control algorithms of the ESP. Research is ongoing
to develop ESP II, a system that should combine the control of the braking system, the
active steering, and the semi-active suspension, in order to enhance both handling and
riding performance. Schwarz!®’'® and Trichtler'” show the way on this road. The main
idea is that the functional level and the level of actuators are separated from each other.

Connecting Vertical and Horizontal Dynamics

As for the vertical dynamics, several ways are possible how the vertical tire forces can be
influenced and controlled in general. Every part of the transmission path from vertical
tire force over the tire itself, the rim, the wheel carrier, the suspension strut, and the strut
mounting are possible positions in general to place an active or semi-active element to
have an influence on the vertical tire force. The most efficient way, however, to actually
influence this tire force is to apply a semi-active or an active element into the suspension
strut, first for construction reasons, second simply because the stroke is largest in this
part of the transmission path. This means that with rather small forces a high amount of
energy can be converted.

Now that the position where the vertical dynamics should be influenced is determined,
there is still the question what the control objective should be. The controller could
act only in the vertical dynamics, without ‘knowing’ anything about its influence on the
longitudinal or lateral dynamics. In this case the control objective is usually to reduce the
oscillations of vertical tire forces. Or, the controller could connect the vertical with the
horizontal dynamics. The control objective in this case is more difficult to define, because
modeling the connection between vertical and horizontal tire forces is very complex, and
if the modeling is successful, the model outputs depend strongly on the tire parameters.
Pacejka’s magic formula for example includes six independent parameters'®, each of which
having a strong influence on the transmission path from wheel load to horizontal tire forces.
Thus, because the customer can change the tires or the tires can alter their parameters due
to aging, a controller to connect vertical and horizontal tire forces needs to be parameter
invariant. This and the fact that semi-active suspensions are not widespread might be
reasons why in today’s series cars this connection between vertical and horizontal tire
forces is not explicitly established yet. As for the control of semi-active suspensions, the
focus lies on the vertical dynamics.

Semi-Active Suspension in Today’s Series Cars

In today’s series cars most of the semi-active suspension systems come with adjustable
damping coefficients. Two ways to adjust the damping ratio are known: Either to change
it via the opening condition of an electro-magnetic valve or by making use of the changing
viscosity of the damping fluid. The damping fluid usually is an oil, but solutions to
damp with air are also known and implemented in the BMW HP2 Enduro motorbike'? for
example.

15Schwarz et al. (2003a): ATZ Automobiltechnische Zeitschrift 105 [2003].
16Schwarz et al. (2003b): ATZ Automobiltechnische Zeitschrift 105 [2003].
" Trichtler (2005): at — Automatisierungstechnik.

18Pacejka (2002): Tire and Vehicle Dynamics pp. 173.

9Miiller et al. (2005): ATZ Automobiltechnische Zeitschrift 107 [2005].
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As for the adjustable damping, on the German market the electro-magnetic solution
prevails all other solutions. It is just recently that the Audi AG came out with the new
TT-model, which can be ordered with the so called Magnetic-Ride system, in which the
shock absorbers work with magneto-rheological fluids?®. Mantled there is an active shock
absorber from Delphi Corporation. On the US market Delphi’s MagnetRide suspension
control system was introduced in 2002 in the Cadillac Seville STS for the first time?'.

Those semi-active components are mainly used to enhance the riding comfort, which
means that they are only acting on the vertical dynamics. Some side effects are used
that if one wheel starts to flatter and vibrate heavily, the damping coefficient is set to
hard in order to reduce this undesirable vibration. Accelerometers are used to measure
the vertical body and the vertical wheel oscillations and to calculate the damper velocity
from their signals. In order to increase the riding comfort, the semi-active suspension is
controlled in most of the cases by a so called skyhook-controller. This controller models
a virtual damper that is thought to be attached between the vehicle’s body and a virtual
skyhook. The damper control in this case follows the objective to model the virtual,
perfect skyhook damper with the real damper attached between wheel and body in the
best possible manner?2. To implement the skyhook-controller it is necessary to know the
characteristic diagram of the shock absorber, the actual damper velocity, and the damping
coefficient of the virtual skyhook damper must be defined. Irmscher?® showed how the
actual damper force is distributed in the characteristic diagram of an active shock absorber
for the case of skyhook-controlled damping. Identifying the characteristic damper diagram
and finding the best way to determine the damper velocity—those are tuning steps that
are undertaken in series cars that feature active shock absorbers.

A system was introduced in the Opel Astra H of the lastest generation in 2004, showing
the way in the direction of Global Chassis Control (GCC). The system is called IDS-
plus and includes active shock absorbers. Those are controlled mainly with the skyhook
approach. By the driver’s choice between a sport and standard setting the average damping
coefficient can be set to harder. At the same time the Electric Power Steering (EPS) and the
accelerator are switched into a more sporty setting. So the vertical (via shock absorbers),
the longitudinal (via accelerator), and the lateral dynamics (via EPS) are connected by
the IDS-plus. The driver is the coupling part of this connection, because he is the one who
decides if the connection is suitable or not. The systems are not connected via electronic
signals with each other.

Another system in which a semi-active suspension in form of active shock absorbers is
applied is the Mercedes-Benz S-Class with the so called Airmatic System. There an air
spring is combined with active shock absorbers. The same combination of systems can be
found in the Volkswagen Touareg?!. Furthermore, almost every automobile of the luxury
class can be ordered with a semi-active suspension.

20 Jungmann (2006): Audi magnetic ride im neuen TT — all4engineers.

21Shutto/Toscano (2006): Magnetorheological Fluid Technology for Vehicle Applications.

22Kutsche/Raulf (1998): Optimierte Fahrwerksdéimpfung fiir Pkw und Nkw.

ZTrmscher/Hees/Kutsche (1999): A Controlled Suspension System with Continuously Adjustable Dam-
ping Force p. 459.

24 Jungmann (2003): So viel Continental steckt im Touareg — all4engineers.
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Active Suspension in Today's Series Cars

Active suspension systems are used e.g. in the BMW 5 and 7 series?®. The system is

called Dynamic Drive. By means of an active anti-roll bar the rolling during driving in a
curve with lateral acceleration can be reduced, and by adjusting the stiffness of the front
and the rear anti-roll bar relatively to each other, the sideslip angle can also be influenced.
The main purpose of this system lies on the control of the lateral dynamics of the vehicle.
Concerning the braking performance this system is not used to reduce the braking distance.
It could be used in such a way that for u-split conditions the wheel load on the front wheel
that drives on the high-p track is increased by distorting the vehicles body. This would
lead to a decreasing wheel load at the front wheel of the low-pu track. The sum of braking
forces would therefore increase, because the wheel load gained at the high-y track leads to
a higher increase in braking force than the reduced wheel load at the low-p track leads to
a decline in braking force.

Other active suspension systems like the ABC of Mercedes-Benz are mainly used to
control the vertical body oscillations in the frequency range up to 5Hz. It is not of the
author’s knowledge that the ABC is also used to control the vertical tire forces in such a
sense that by their means the braking distance is reduced.

The main problem for active suspension systems is that the high amount of power needed
for lowering and lifting the vehicle’s body does not necessarily help to increase the wheel
load significantly. Of course the lifting of the vehicle’s body helps to increase wheel load
temporarily, but the problem remains the same for active suspensions as for every other
kind of suspension: Increasing the wheel load always leads to a lifting of the vehicle’s body,
and this lifting is limited by the maximum spring displacement. So, even if with an active
suspension forces can be applied that act within the moving direction of the body, the
wheel load cannot be increased longer than it takes for the body to reach its maximum
upward velocity (refer to Winner?®).

Research on Connecting Controls for Chassis Systems

It is not of the author’s knowledge that the interaction between adjustable damping coef-
ficient and wheel load and/or braking force is purposefully implemented in series cars. In
research this is slightly different. Many authors have been working on control algorithms
for semi-active and active suspensions, in most cases in order to reduce the oscillations of
vertical tire forces—measured in RMS on dynamic wheel load (for the definition of RMS
refer to equation 4.7 on page 62). It is assumed that if the RMS on dynamic wheel load
is decreased this gives a better basis for systems that act in the horizontal plane, like
ABS and ESP. Several research projects have been undertaken to improve the handling
performance of vehicles by means of semi-active suspension.

Smakman suggested a control algorithm to control the lateral tire slip by means of
active suspension®’ to improve the lateral dynamics. Trichtler suggested to decouple local
actuator functions from global objectives to be able to use the provided actuators in a

global network for more than only one purpose?. All this research has been theoretical

25Konik et al. (2000): Dynamic Drive - das neue aktive Wankstabilisierungssystem der BMW Group.

26Winner et al. (2006): Die Bremse im mechatronischen Fahrwerk p. 368.

2TSmakman (2000): Functional Integration of Slip Control with Active Suspension for Improved Lateral
Vehicle Dynamics.

Z8Trichtler (2005): at — Automatisierungstechnik.
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without application to the real world.

Reducing the braking distance has also already been investigated; the Continental AG
executed a project with the objective to come up with a real car that has a braking distance
from an initial velocity of 100km/h of 30m or less*. The testing vehicle used was a
Volkswagen Golf. In 2000 the Continental AG eventually was able to reduce the braking
distance (which usually lies around 40 m) down to the set target of 30 m. Many different
control systems and their applications were involved in this project. The vehicle was also
equipped with active shock absorbers. But the main focus did not lie on controlling the
vehicle’s damping. This was just one additional point amongst many others. The main
part of the braking distance reduction was achieved by using high-performance tires and by
modifying the braking system such that the full braking pressure was applied very quickly.
Furthermore, all components of the vehicle dynamics control were adjusted to each other
and they were working in an integrated network. Global chassis control (GCC) was the
main issue in this project. Only because all components of the control of the vehicle
dynamics were adjusted to each other was it possible to reduce the braking distance by
such a high amount.

Anyway, the active shock absorber controller used in the 30 m-car project cannot directly
be transferred to the controller of this thesis, because all braking tests were executed on
an ideally even pavement. This means that the excitation of vertical tire force oscillations
came only from the fact that the braking forces applied cause a weight transfer from rear
to front axle. No seismic excitation was causing oscillations in vertical tire forces. In this
thesis the possibility to reduce the braking distance on a road with a typical unevenness is
investigated. Therefore the control approach used in this thesis differs significantly from
the one of the 30 m-car.

Research on Semi-Active Shock Absorber Control

State-of-the-art in research concerning the control of active shock absorbers is the know-
ledge that ride on the one hand and handling on the other hand can be improved by the
control of active shock absorbers. On the handling side this is mainly based on simulation
results or results of quarter- or 2D-car physical models. Only few test drives with real
cars have been published. It holds true that handling performance can be improved if it is
measured and assumed to be measurable in terms of RMS on dynamic wheel load, without
actually using a measurand of the lateral or longitudinal dynamics. The possibility to
improve the vertical counting measurand RMS on dynamic wheel load has been shown
for passenger cars as well as for other land-based vehicles (such as trucks or tanks) in
simulations. For an exceptional example refer to Choi*®® who reduced the vertical body
accelerations of a tracked vehicle (a tank) by means of active shock absorbers in simulation.
The steering stability could be kept constant at the same time.

Pinkos3! was able to reduce the rolling of a real testing vehicle by means of rotational act-
ing active shock absorbers which are based on electro-rheological magnetic fluids (ERM).
He suggested that electro-rheological based shock absorbers exceed electro-magnetic solu-

29Becker /Huinink /Rieth (2001): Mafinahmen zur Verkiirzung des Anhaltewegs in Notbremssituationen —
das 30m Auto.

30Choi/Park/Suh (2002): Journal of Dynamic Systems—Measurement and Control 124 [2002].

31Pinkos/Shtarkman /Fitzgerald (1994): An Actively Damped Passenger Car Suspension System with Low
Voltage Electro-Rheological Magnetic Fluid.
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tions with a faster response to changes of the demand of damper forces. This is probably
not the case, because the main time delay comes from the fact that the pressure difference
in upper and lower chamber needs to establish in order to provide a damper force. This
is the case for any active shock absorber, no matter if controlled electro-magnetically or
electro-rheologically.

Not talking about driving safety in general, but rather about the RMS on dynamic
wheel load in particular, this quantity is known as reducible by making use of active shock
absorbers. This field has widely been researched mainly in simulation models.

Redlich®? showed in 1994 on a quarter-car model that the RMS on wheel load and the
RMS on vertical body acceleration can be reduced at the same time by means of active
shock absorbers. His approach is to determine the actual frequency with which the vehicle
oscillates and then to set the damping to the best value for this given frequency in order
to reduce both wheel load and body oscillations. He furthermore deduced the demands on
the hardware and the software when using such a semi-active suspension system. Alberti®3
also proposed in 1991 that with active shock absorbers it is possible to enhance riding and
handling at the same time. He investigated this topic with a quarter-car model and focused
on the effect of different road roughnesses on his results. Both showed the fundamental
potential for an enhancement of the vertical dynamics by means of active shock absorbers.

Several experiments in the real world have been undertaken with quarter- or half-car
models. Yi in 1992 reduced the dynamic tire forces in experiments with a half-car model
test rig3. He used a bilinear observer approach to reduce both the vertical body acceler-
ation as well as the dynamic tire forces.

A main problem for all researchers in the field of semi-active suspension when applying
the theoretical models to the real world is the uncertainty of parameters and the uncertainty
whether the structure of the simple dynamical models map the vehicle behavior in the right
manner. Lauwerys suggested in 2002%° and again in 2004 that due to the complexity of
a passenger car and the changing parameters during a life cycle it might be advantageous
to do the control without complex dynamical models of the vehicle, but to rather adjust
parameters of neural networks to a less complicated model. Neural networking is a control
strategy that was also widely applied to the topic of semi-active suspension. Moran®’ could
decrease the RMS on vertical body acceleration by means of such a control algorithm.
Other authors, like Yeh®®, worked on fuzzy-control logics to improve riding and handling.
Yeh based his work on a quarter-car model and showed in simulation results that an
adaptive control strategy can improve the performance. The controller is adaptive in the
sense that it changes control parameters by reacting on the pseudo-noise seismic excitation
of the simulated pavement. Yoshimura?® also implemented a fuzzy-controller into a quarter-
car model with which he was able to suppress vertical body accelerations by a high amount.

32Redlich/Wallentowitz (1994): Vehicle Dynamics with Adaptive or Semi-Active Suspension Systems De-
mands on Hardware and Software.

33 Alberti (1991): Adaptive Fahrwerksdimpfung.

31Yi/Wargelin/Hedrick (1992): Dynamic Tire Force Control by Semi-Active Suspensions.
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works.
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Another control approach which makes use of a 2D-model of a vehicle is to use the front
axle as a sensor. By the signals that are obtained at this axle—which always passes road
disturbances before the rear axle when driving forwards—the performance of the controller
for the rear axle can be improved. Araki*® implemented such a preview controller in his
4-degrees-of-freedom model and obtained an improved pitching behavior (smaller pitching
angles) by this feed-forward compensation. In fact, he modeled an active suspension sys-
tem. The limits for implementing such a control algorithm in a real car are once again the
high model and parameter uncertainties.

As for real test drives, Valasek was able to reduce the RMS on dynamic wheel load in
the case of a heavy truck. In earlier work he developed control strategies to reduce the
RMS on dynamic wheel load*'. His main objective was to reduce the road damage, which
can be measured in terms of a derivate of the RMS on dynamic wheel load. Valasek used
a so called groundhook-controller which is similar to the skyhook approach. In case of the
groundhook a virtual shock absorber is thought to be attached between ground and the
wheel’s spinning axis. This is because if this damper was there for real it would lead to
a reduced vertical oscillation of the wheel. Similar to the skyhook approach, this virtual
shock absorber is than tried to be represented with the real active shock absorber in the
best possible manner. But only controlling the vertical oscillations of the wheel will lead to
an increasing deflection of the vehicle’s body in the long run. This is why Valasek went a
step further and introduced a so called hybrid-controller which combines the sky- and the
groundhook approach by applying two virtual dampers—one attached between sky and
body and one between wheel and ground. With this control scheme Valasek was able to
reduce the RMS on dynamic wheel load in simulations. Applying this kind of controller to
the real world is rather difficult, because several control parameters need to be defined and
adjusted to reality. For real test drives with a truck Valasek used a Fuzzy-control algorithm
that is more parameter independent*?. With this approach he was able to reduce the RMS
on dynamic wheel load in real test drives on a stochastic road on an airfield.

All the literature sources mentioned have in common that they build the fundament for
controlling active shock absorbers for the case that the RMS on dynamic wheel load should
be reduced, for the case that this is the control objective. The question arises whether
this is in fact the control objective in order to reduce the braking distance. Reichel®®
therefore started to execute test drives with controlled active shock absorbers in braking
situations. He introduced a control mechanism whose control objective is to keep the wheel
load constant. This objective cannot be obtained completely by a semi-active suspension,
and even for an active suspension it is only possible to keep the wheel load constant if the
amplitudes of the vertical excitation are small enough. Nevertheless, the control objective
can still be to keep the wheel load constant, even if it is not possible to achieve this goal.
It is the benchmark and shows the direction.

Reichel executed his test drives with constant velocity. The rear axle of the testing vehicle
was driven while the front axle was braked. Thus, the influence of the vertical dynamics—
controlled by active shock absorbers—on the braking torque and braking force could be
investigated without having to consider the weight transfer and a reduced vehicle’s speed

40 Araki/Oya/Harada (1994): Preview Control of Active Suspension Using Disturbance of Front Wheel.

Valagek/Novak (1996): Ground hook for semi-active damping of truck’s suspension.

42Valagek et al. (1997): Vehicle System Dynamics.

43Reichel (2003): Untersuchungen zum Einfluss stufenlos verstellbarer Schwingungsdédmpfer auf das insta-
tiondre Bremsen von Personenwagen.
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having an influence on the results. Reichel was able to reduce the RMS on dynamic wheel
load when passing a sinusoidal obstacle for vehicle speeds up to 50 km/h. He furthermore
showed that for low vehicle speeds up to 50km/h his shock absorber controller leads to
better performance for longitudinal vehicle dynamics measurands, like braking torque and
braking slip. His conclusion was that due to the reduction of RMS on dynamic wheel load
the longitudinal dynamics were influenced positively.

Summarizing, the analysis of the state-of-the-art of the control of semi-active and active
suspension systems shows that the area has been widely investigated by researchers all over
the world. Many concepts to control the vertical dynamics in order to enhance the ride and
the handling of a vehicle have been presented since the early 1980s. The vast majority use
quarter-car models to enhance ride and handling and measure those two quantities in terms
of RMS on vertical body acceleration and RMS on dynamic wheel load. In simulations on
those quarter-car models it could be shown that both RMS-values are reducible by means
of active shock absorbers. Test rig trials on physical models have also been undertaken.
Here the results from simulations could be verified in general. As for implementations of
the results on research side to the real world only few experimental research projects have
been undertaken. It is not of the author’s knowledge that the connection between vertical
and horizontal dynamics has been established in series applications. The main problem
when it comes to this connection is to define the control objective. The RMS on dynamic
wheel load might not be the only and not the best quantity to serve as control objective.

1.3 Research Objectives

The results of former researchers show the possibility to purposefully influence the RMS on
dynamic wheel load by means of active shock absorbers. Using this knowledge, two more
aspects are added in this thesis: Firstly, not only the response of the system in the long
run is measured and acted on, but rather the transient response is treated as an essential
factor as well. This means that the RMS on dynamic wheel load is only one measurand
beside others. By means of RMS the response of the vehicle in the long run—e.g. for
the whole braking process—can be measured. As an integrative measurand it does not
give information about how one single switching process of the shock absorbers influences
the course of wheel load, braking slip or braking force. In this sense it is comparable to
the braking distance, which also is an integrative measurand. The braking distance itself
gives information about how good the braking performance for a given braking process
was, compared to others. It cannot give information about the course of all the quantities
that influence the final result, like braking slip or braking force.

Secondly, the connection between vertical and horizontal tire forces is drawn—and thus
between vertical and horizontal tire force controllers—in this thesis. It is not of the author’s
knowledge that this connection has been implemented with a measurable objective in mind
(like reducing the braking distance) so far. Reducing the braking distance is not only an
objective worth to desire because of the shorter braking distance alone. If a system that
has the ability to reduce the braking distance, assuming a constant deceleration, is applied
to a car, it also reduces the longitudinal velocity of the vehicle at every point in time
and—in this context even more important—at every point in the distance domain. If a
driver applies full-braking this is usually done to prevent a collision. In case the time to
collision (TTC) is too short to prevent the collision completely, it is still the desire of the

11



1 Introduction

driver to slow down the vehicle as much as possible. Since the kinetic energy depends on
the square of the velocity, the vehicle’s speed at the time of the impact plays a big role in
damage reduction. A system that is meant to reduce the braking distance thus helps in
two ways: By preventing collisions and—probably more often—by reducing the speed at
the time of the unpreventable collision and thus the potential damage.

The objective of this thesis therefore is to determine if and to which amount there is
a potential to reduce the braking distance by means of a vertical dynamics controller on
a conventional pavement—and more specific, by means of active shock absorbers. Sub-
targets on this way are to define an experimental setting that allows to measure the braking
distance such that the influence of the driver and all other parameters that influence the
braking distance besides the vertical dynamics are not relevant.

Furthermore, it needs to be checked whether the given general doctrine that the lower
the RMS on wheel load, the higher the handling performance holds true for the special
case of braking procedures as well. A control objective needs to be defined with which
the connection between the vertical and the longitudinal dynamics of a vehicle can be
established. This control objective does not necessarily has to be to reduce the RMS on
wheel load. A concept ought to be developed which allows to purposefully connect vertical
and longitudinal dynamics.

The interaction with the Antilock Braking System (ABS) is part of the investigation
as well. By means of the ABS it is also the objective to reduce the braking distance by
braking as close to the optimum braking slip as possible. Since a today’s ABS does not
get information about the vertical tire forces, which influence the braking slip in the same
manner as the braking force and the braking torque do, it cannot reach the objective of
keeping the braking slip constant at the optimal level. Both tire and type of pavement
influence the course of the p-slip curve and therefore of the value of optimal braking slip.
Not knowing which type of tire is attached to the vehicle and which road conditions the
system has to deal with are two other main reasons why the optimal slip cannot be achieved.
Simply because it is not known in advance what the value of the optimal slip actually is.

In this thesis the ABS should therefore be supported in its trying to keep the braking
slip at its optimal level. A measurand has to be found that connects the vertical tire forces
with the longitudinal ones, that connects the vertical dynamics with the braking slip. All
results and conclusions of this thesis should be representative for typical roads that can be
found in real life, e. g. highways with a typical unevenness.

1.4 Methodology

To reach the objectives the following methodology is used:

First of all, the vertical dynamics of a quarter-car—a reduced car that only includes one
wheel, one suspension strut, and a part of the vehicle’s total body mass—is investigated
in a simulation model. The effect of switching the active shock absorber on the course
of the wheel load is investigated with this model and a wheel load control algorithm is
introduced. Both the model and the control algorithm are validated in test rig trials on a
4-post test rig with a real car. The control algorithm investigated in simulation models is
implemented in a real car and braking tests are executed.

An emphasis is put on the reproducibility of the braking test. Since many different
parameters influence the braking distance, it is important to keep as many of them constant
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as possible, to be able to measure the influence of the developed controller of vertical
dynamics on the braking distance. A braking machine is used to initiate the braking
process, in order to exclude the driver’s influence on the results. The braking machine
delivers the gradient of braking pressure as well as the position on the testing track where
the braking is executed in a high reproducibility.

Furthermore, the results of this thesis should be transferable to what one can expect in
the real world, meaning on a conventional German Autobahn or comparable other road.
Thus, a testing track is chosen that is comparable to a road with a roughness that is typical
for German highways.

The main focus of this thesis lies on deepening the understanding of what happens if
there is an intervention in the vertical dynamics of a vehicle with respect to the longitu-
dinal dynamics. To make the results transferable to other types of vehicles the developed
controller is independent of most vehicle parameters as masses, stiffness, or damping co-
efficients. It is developed in such a way that it makes use of the principle of the vertical
dynamics that is inherent to every ground based vehicle, that is, that the wheel load can
be increased (decreased) by applying an additional (substractional) force to the suspension
strut at this very wheel.

13



2 Fundamentals of Vehicle Dynamics

2.1 Coordinate Systems

In automotive engineering the standard coordinate system is a right oriented system as
shown in Figure 2.1. The x-coordinate lies in the vehicle’s longitudinal direction, pointing
forwards. The y-coordinate is perpendicular to the x-coordinate and points to the left (in
driving direction). The z-coordinate points upwards and is perpendicular to the x-y-plane!.
The origin of this standard coordinate system usually is identical to the center of gravity
(CG) of the total vehicle, and that is how it is defined in this thesis as well. Movements
along the three translatory degrees of freedom are called ‘longitudinal’ (x), ‘lateral’ (y), and
‘vertical’ movements. Angular movements along the three rotational degrees of freedom
are called ‘roll’ (¢, around x-axis), ‘pitch’ (¥, around y-axis), and ‘yaw’ (¢, around z-axis).

%

X AT pgdina

Figure 2.1: Global coordinate system of a vehicle’s dynamics and naming of the possible
movements?.

Those are the global degrees of freedom and coordinates of the vehicle as a whole. As for
the single wheels and the suspension at a wheel the coordinates are defined in Figure 2.2.
In this figure the principle of a typical suspension of a front and a rear wheel are shown.
For clarity reasons the springs are neglected in this figure and only the shock absorbers are
drawn, but since only geometric calculus is done the conclusions are the same for either
shock absorber or spring.

Measuring the shock absorbers’ velocity and the springs’ displacement, it must be taken
into account that neither of them is aligned with the vertical coordinates zp; and 2w ;

!This definition of the coordinate system conforms to the definition in the German norm DIN 70000. It
differs from the SAE-definition in the way that in this American definition the z-axis points downwards
and therefore the y-axis points to the right.

2Breuer (2001): Kraftfahrzeuge II p. 2
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Figure 2.2: Coordinate systems for an aligned and a displaced suspension. The structures of
the suspensions shown correspond with the testing vehicle's real structures.

in general. For the testing vehicle used for all experimental settings in this thesis (for a
detailed description refer to section 3.2), the shock absorber as well as the spring at a rear
axle’s wheel are in fact displaced both with respect to each other and with respect to zp,
and 2w .

For the front axle both shock absorber and spring can be assumed to be aligned with
zp ¢ and zw ¢, because the angles between their axes and the vertical axis are very small
and both are directly connected with the rotational center of the wheel.

The measurands

Up,i = 2B — ZW,i (2.1)

and

88,4 = ZB,i — AW,i (2-2)

are introduced as the projected shock absorber velocity and the projected spring displace-
ment. The coordinate system of the model in section 4.3 always refers to those projected

quantities. They do not necessarily reflect the real velocity v]gef?l and the real displacement

sg‘f?l of the actual shock absorber and the actual spring. The factors with which the real
and the projected velocities and displacements are connected are called ip ; and ig ;. This

means that

Uiy = ini Un, (2.3)
and
Sge;?l == iS,z‘ 58,4 (24)
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2 Fundamentals of Vehicle Dynamics

For the values of the factors ip; and ig; of the testing vehicle used for this thesis refer
to Table 3.1 on page 40. All parameters of the testing vehicle are calculated in terms of
projected quantities. If the spring stiffness, the damping coefficient, or any other parameter
is mentioned, it always refers to the projected degree of freedom rather than to the real
physical values of spring and shock absorber.

The angular displacement around the i-th wheel’s y-axis is defined as .

2.2 The Braking Process

If the longitudinal acceleration of a vehicle is negativ, the car is braking. Its kinetic
energy Fiin, = 1/2my v? is decreasing. This negative acceleration—or deceleration—can
be caused by either body forces or by contact forces. Body forces act on the car due to
the gravitational acceleration, which causes the car to decelerate if driving an inclining
slope. Contact forces can be either friction forces applied in the contact zone of tire and
pavement or area forces due to the wind resistance of the car.

A car which is assumed to drive on a horizontal plane is therefore not subject to any
body forces but only to contact forces. As for the type of braking it can be differed between
a braking procedure whose main purpose is to decelerate the vehicle, a braking procedure
which is meant to bring the vehicle down to the same velocity as the preceding car, and
full-brake.

In this thesis only the full-brake situation is chosen, because only when the maximum
deceleration is desired by the driver a system to reduce the braking distance is of any use.
In all other cases the driver can control the deceleration and therefore the braking distance
himself. If the driver is not using the maximum friction coefficient possible, he can act
as controller and increase or decrease the braking pressure. The deceleration will follow,
because it can follow. If the driver desires a higher deceleration than is possible by using
the maximum braking coefficient, the uncontrolled wheel will tend to lock. In this case
the driver does not have the possibility to control the desired longitudinal acceleration,
because the friction factor which would be necessary to fulfill the driver’s demand simply
cannot be delivered by the tire/pavement interaction.

In Figure 2.3 a passenger car with optimal brake supporting angles is shown. The angles
e and eg, uniquely define the position of the pitching center PC. Now if braking forces
are applied to the front and the rear axle, those forces together with the height of the
center of gravity form a moment that lets the wheel load at the front axle increase and the
wheel load at the rear axle decrease.

Fytotal hoe = (Fpg + Fryr) hog = AF, il (2.5)

where AF,,; is the weight transfer from rear to front axle. The static wheel load is
neglected in these thoughts. Now if the wheel load increases by AF,; at the front and
decreases by AF,y; at the rear axle, this additional respectively less vertical force in the
tire contact zone in stationary (quasi-static) condition has to be supported by the vehicle’s
body.

If the direction of action of the resulting force of AF,1; and Fp at the front axle, Flep,
goes through the pitching center, no moment around the front suspension is present and
therefore the front axle will not deflect, neither bound nor rebound. The same holds true
for the rear axle. This means that in the configuration given in Figure 2.3, the vehicle’s
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2.2 The Braking Process

body will not pitch when braking forces are applied at the tires. The additional wheel load
at the front axle is then only transmitted via the suspension links, the suspension spring
is not deflected.

Figure 2.3 also shows that this only holds true if the braking forces at front and rear axle
are in the optimal ratio such that the resulting forces of front and rear axle point directly
at the PC. If one or more of the named parameters differ from the optimal configuration,
the vehicle’s body will pitch. This happens until the sum of forces transmitted through
the suspension links and the spring forces of the front and rear axles’ body springs times
the wheel base balance with the torque that is made of braking force times height of center

of gravity.

oGP\
O St —
- g ‘.\.

e t t . h
o~ oOP Op ‘ CG
Fy - '\ng Epr r Py
— ] |
F;es,f | I Ees,r

Figure 2.3: Optimal brake support angles for a passenger car®.

Theoretically speaking, this can also mean that the vehicle’s body moves upwards at the
front of the vehicle and downwards at its back—in case the PC lies above the CG. But
this is a configuration that cannot be found in today’s series cars—as the reader knows by
inspection. Today’s cars pitch by moving the body down at the front and up at the back.

Usually cars do not have the PC at the same height as the CG, in fact it lies much
lower (e.g. hpc & 0.14m hcg &~ 0.52m for the testing vehicle, refer also to Table 3.1 on
page 40). Thus, due to the fact that the PC lies below the CG, if a car is braked it is also
excited to pitching oscillations. This is important to mention, because this mechanism is
one source of wheel load oscillation and it is the main reason for shock absorber deflections.
The other source of wheel load oscillations is the roughness of the road, which causes the
wheel to bounce.

In Figure 2.4 the courses of dynamic wheel load for different heights of the pitching center
are shown for a braking procedure on a vehicle with 2 axles and no seismic excitation. The
deceleration increases to its stationary value in form of a ramp and is then constant during
the whole braking procedure.

If PC lies at the elevation of the pavement, the oscillations of wheel load—which are only
due to the angular oscillation of the vehicle’s body—have the greatest amplitudes. In case
of a PC at the height of the CG in combination with optimal brake supporting angles there
are no oscillations of wheel load at all. The weight transfer simply leads to a higher wheel
load at the front and a lower one at the rear axle, but no transient response occurs. The
assumption is that the suspension bushings are infinitely stiff. Then the weight transfer is
completely proportional to the amount of deceleration.

3Winner (2006): Kraftfahrzeuge II p. 144
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Figure 2.4: Wheel load distribution due to weight transfer between front and rear axle for
different heights of the pitching center hpc*. Senkrechte Radfiihrung (Nickpol auf der StraBe)
= vertical wheel control (pitching center on the elevation of the pavement), Nickpol im Schw-
erpunkt = pitching center at the same position as the center of gravity, Vollstandiger Nickaus-

gleich = optimal brake supporting angles, AF,, = AF, i, AF,, = —AF, ;.

As was shown in the former passages, the distribution of braking force between front
and rear axle, as well as the position of PC relative to CG, has an effect on the pitching
of the vehicle’s body. But what would the optimal braking force distribution be if there
was no pitching, if the wheel load at front and rear axle would be assumed to be constant
during the braking procedure as the dash-dotted line in Figure 2.4 suggests, in order to
gain the shortest possible braking distance?

E.g., if only the front axle is braked, this will clearly not lead to the shortest braking
distance, because the front axle can only transmit a limited amount of braking force to the
ground and this does not increase if the rear axle is not braked. Quite the contrary will
happen, it would rather decrease because the additional wheel load caused by the weight
transfer would be missing at the front axle.

Looking at it this way and assuming that the tires at front and rear axle have the same

4Mitschke (1984): Dynamik der Kraftfahrzeuge, Band B — Schwingungen p. 154
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Figure 2.5: Typical p-slip curve for a standard summer tire. The curve as seen has been used
for simulations. = Fg/F,,\g =1 — vw/vx.

properties, and furthermore that the p-slip curve® will not change with changing wheel
loads, the braking slip at front and rear axle should be the same in order to achieve the
shortest braking distance possible. Because only if every wheel is at the maximum of
braking force applicable to it (or: at the optimal braking slip A opt) the overall braking
force is at its maximum as well.

These thoughts lead to the so called brake force distribution diagram shown in Figure 2.6.
This diagram shows that there is only one distribution of braking force between front and
rear axle which is optimal for shortening the braking distance. In the diagram it is assumed
that the wheel loads at front and rear axle are constant and have the values of the body
induced wheel load. These assumptions—as can be seen in Figure 2.4—do not necessarily
hold true in a real car. But since the braking force distribution is applied in a real car
according to the diagram in Figure 2.6, it makes sense to try to reduce dynamic wheel load
oscillations—to reduce the RMS on dynamic wheel load—in order to shorten the braking
distance.

During a braking procedure the vehicle’s speed is decreased by the sum of the braking
forces acting on all wheels. This sum of braking forces Fg toa1 causes a longitudinal accel-
eration in negative x-direction. During the braking procedure, Fgtota does not have the
same importance at all times. Of course, the higher the mean braking force, the shorter
the braking distance. But this holds true only for two courses of braking force that are
similar and only differ by a proportional factor. In fact, it is not only the mean value of
braking force that effects the braking distance, but also the distribution of braking force
in time during the braking procedure.

5 A typical p-slip curve is shown in Figure 2.5. It shows the braking coefficient y = Fg/F, vs. the braking
slip Ag.
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Figure 2.6: Brake force distribution diagram®. Bez. Hinterachsbremskraft = braking force

at rear axle per weight of the car, bez. Vorderachsbremskraft = braking force at front axle
per weight of the car, Bremsinstabilitdt = braking instability (rear axle locks before front axle
locks), Bremsstabilitat = braking stability (front axle locks before rear axle locks), Abbremsung
= braking ratio, Gutegrad = quality of the braking ratio.

At the beginning of a braking procedure a loss in braking force is worse than the same
amount of loss at later times. Why is this so? First of all, the braking duration Aty is
constant for the mean value of the total braking force FB,total with respect to time being
constant (comparing two different braking procedures). Why does the braking duration
Aty not depend on the distribution of braking force over time but only on its mean value?
The acceleration of the vehicle in longitudinal direction, referring to it as a rigid mass, is
given by the following equation:

my ax(t) = _FB,total(t)a (26)

where my is the total vehicle mass. The longitudinal velocity of the vehicle v, can be
determined by integrating this equation:

t t
F ota
o(l) = /ax(T) dr + v = — / B%(” dr + ve, (2.7)
tBB tBB v

where tgp is the beginning of braking and vy is the initial velocity. At the time of the
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2.2 The Braking Process

end of braking, ¢gg, the longitudinal velocity must be zero. This leads to:

IBE
Uy, 0 My = /FB,total(t) dt (2.8)

tBB

Dividing both sides by tgg — tgg = Atg leads to:

tBE
Uy,0 MY 1
0TV _ Fipopa (1) dt 2.9
o = [ Fraaatt) (29)
tBB

Realizing that the right hand side of this equation is the mean value of the total braking
force with respect to time leads to:

Vx.0 My _
’ = F 2.10
AtB B,total ( )

This means that the braking duration can be calculated by

Aty = 20TV (2.11)
FB,total

This means that as long as the mean value of braking force stays constant, the duration
of braking is the same for any braking procedure, no matter how the course of braking
force looks like with respect to time. The braking duration only depends on the mean
value of braking force, not on its distribution with respect to time.

For the braking distance this looks slightly different. Assuming that the braking force
with respect to time can be distributed by adding two linear functions, one of which
decreases from 2 FB,mtal at tgg down to zero at tgg, and one of which increases from zero
at tgg up to 2 FB,mtal at tgg, the total braking force can be written down as:

Fytotal(t) = a Fp1(t) + B Fp (1), (2.12)
with
_ t
Fg1(t) = 2 Fpotal (1 — —), (2.13)
tBE
_ t
Fgo(t) = 2 Fp total — (2.14)
IBE
aApBel01] (2.15)
and
a+B=1 (2.16)

6Mitschke/Wallentowitz (2004): Dynamik der Kraftfahrzeuge p. 202
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The braking distance can be calculated by integrating the longitudinal velocity with
respect to time:

tBE
dp = /vx(t) dt (2.17)
tBB

The longitudinal velocity again is the integral of the longitudinal acceleration. Applying
this leads to:

tBE t
dp = / / ax(7) d7 + v | dt (2.18)
s LtiBB
Applying equation 2.6 and integrating:
tgg t
1
dB = Ux,0 AtB - / /FB,total(T) dr dt (219)
my
iBB BB
With equation 2.12 this gives:
F tgg t
2
dB:vX,UAtB—M//a+i(ﬁ—a) dr dt (2.20)
my IBE
tpB lBB

Together with equation 2.16 one eventually ends up with

dy = U%O my

3 FB,total

Equation 2.21 shows that the braking distance does not depend on the average braking
force applied to the tires during a braking procedure only—precisely, it is a reciprocal
dependency there—, but also depends on the distribution of braking force over time. The
greater «, the shorter the braking distance. The shortest braking distance possible with
the given assumptions is gained if & = 1. In this case § = 0 and the braking force would
therefore linearly decrease with time until it reaches the value zero at the end of the braking
procedure. In this optimal case the braking distance would be

(2 - ) (2.21)

2
o 1 vx,[] my

dp = = =2
)
3 FB,total

(2.22)

whereas for a completely uniform distribution of braking force over time (a« = 0.5A 3 =
0.5) the braking distance would be much longer:

dp = = = (2.23)

This means that the earlier the braking force reaches large values during the braking
procedure, the shorter the braking distance will be. Therefore it is useful to weight the
braking force with the longitudinal velocity in order to build a quantifying parameter. The
same holds true for every quantifying parameter which shall be used to rate the quality of
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the braking procedure. This is why the weighted value is introduced which shall be defined
for any quantity X (¢) as:

X" (1) = X (1) ® (2.24)
where
1 tBE
Bo= s [ ) di (2.25)
tBB

is the mean value of longitudinal velocity during a braking procedure.

Summarizing, this means that there are two different ways how the braking distance
can be shortened in general: First of all-—most obvious—by increasing the mean value
of braking force during the braking procedure, and secondly by distributing the braking
force to the very beginning of the braking procedure. The higher the weighted mean value
of braking force is, the shorter the braking distance will be. As for the first aspect, the
braking force can in fact only be increased by increasing the average value of the friction
coefficient

IBE

1
mean — U = —— t dt, 2.2
1 A=A /u( ) (2.26)

tBB

because the mean value of wheel load cannot be increased in the long run. Thus, it can
only be the braking coefficient that gives a potential to increase the mean value of braking
force. As for the second aspect, it is important to weight control quantities higher the
earlier (at higher longitudinal velocity) they are measured during the braking procedure.
This is what is done in chapter 5. Furthermore, the necessity to reach higher braking forces
at a high velocity also leads to the necessity to reach higher wheel loads at a high velocity,
because there is a roughly proportional dependency between braking force and wheel load.
The wheel load should therefore also be shifted from later to earlier times if possible.

2.2.1 The Quality of a Braking Process

Usually the quality of a braking process it measured by means of the braking distance.
The shorter this quantity, the better the braking procedure in terms of driving safety.
Another way of measuring if the braking procedure is good in the sense of an improved
driving safety is to look at the distribution of driving speed over the traveled distance.
Supposed that an arbitrary full-braking procedure might be initiated in order to avoid
a collision, and furthermore assuming that this collision cannot be prevented anymore,
because the distance to the collision partner is smaller than the braking distance, how
should then the velocity profile look like in order to be best in the sense of a high safety?
Since ceteris paribus’, with an increasing amount of kinetic energy that has to be converted
when a collision occurs, the amount of damage also increases, a good braking procedure is
one that has a low kinetic energy (conterminous to a low vehicle speed) as early as possible.

T“Ceteris paribus is a Latin phrase, literally translated as ‘with other things being the same,” and usually
rendered in English as ‘all other things being equal.” ” Source: Wikipedia
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This is why the measurand ‘quadratic velocity profile integral’” VI in addition to the
braking distance dp itself is introduced in section 5.1. Integrating the square of the vehicle’s
longitudinal velocity with respect to the traveled distance gives a measurand that indicates
the distribution of kinetic energy (which is proportional to the square of the vehicle speed)
over the traveled distance. The smaller this measurand, the better the distribution of
kinetic energy, because the integral becomes small if during the braking procedure the
kinetic energy is low early (with respect to traveled distance). This means the damage
caused by a possible crash which occurs during the full-braking is also smaller.

2.2.2 Parameters that Influence the Braking Distance

Several parameters influence the braking distance of a passenger car. In this thesis a
division into three groups is made: those parameters that act in the long-run, medium-
term run, and those that act in the short-run. This is done to determine which parameters
are responsible for the actual outcome of braking distance for a given braking procedure.

Parameters which influence the braking distance in the long-run are those that do not
change significantly during one braking process or even during a couple of braking proce-
dures during a day. They change their values in the long-run, meaning a couple of hours
or for some parameters even days and weeks. Examples for those parameters are the tire
profile, the filling status of the vehicle’s tank, or the surrounding air pressure. During one
testing day those parameters can be assumed constant.

In contrary, parameters that influence the braking distance in the short-run are those
that in fact change significantly during one single braking process. Examples for those
parameters are the braking pressure, the local maximum friction factor between tire and
pavement, or the course of vertical tire forces, which can be influenced by the vertical
damping of the vehicle.

Furthermore, there are those parameters that act in the medium-term run. Those are
the ones that can change from one braking process to another or from one block of braking
procedures to another. During one braking process they are assumed to be constant.

Besides the classification in the time domain, there is yet another way to classify the
parameters that affect the braking distance: A classification that values the controllability
of the parameters. Again, there are three groups amongst which the parameters can be
distributed.

First of all, the parameters that can be measured and controlled. Secondly, those that
can only be measured but not controlled. Thirdly, those that can neither be measured nor
controlled. Not being measurable does not necessarily mean that the quantity discussed
is not measurable in general, but it means that it is not measurable in the given context
with the tools provided. The same holds true for the meaning of not controllable.

An example for a parameter which can be measured and controlled is the tire inflation
pressure. An example for an only measurable quantity is the temperature of the pavement.

8The tire temperature is controllable in the sense that before a braking procedure that should be measured
is executed, there are as many braking procedures executed in advance as are necessary to obtain a
stationary tire temperature such that it always has the same value at the beginning of a braking process.
During braking the tire temperature will always increase, while between two braking processes the tire
will cool down again. Stationary means that the amount of energy that is put into the tire during
braking equals the amount of emitted heat between to braking processes.

9The same as for the tire temperature holds true.
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Table 2.1: Parameters that influence the braking distance. Classification in the time domain
and in the domain of controllability.

Measurable and Con-
trollable

Only Measurable

Neither Measur-
nor Controllable

Short Run

e Time at which the
clutch is uncoupled #¢

e Settings of the active
shock absorbers Ip

e Course of wheel load

e Course of
wheel angle
e Actions of the ABS-

controller pags i

steering

e Variations of lo-
cal friction factor p

Medium-
term Run

e Initial velocity vy

e Tire temperature 7n®
e Gradient of braking
pressure at the beginning
of the braking procedure
e Braking disc tempera-
ture Tg”

e Slope of the road

e Gear in which a brak-
ing procedure is executed

e Wind direction
e Wind speed

Long Run

e Tire inflation
pressure pr

e Surrounding

air pressure

e Surrounding

air density

e Road condition

(dry, wet)

e Type of road (cobble-
stone, asphalt, ...)

e Pavement tempera-
ture tp

e Vehicle’s mass
distribution
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And an example for a quantity that can neither be measured nor controlled is the actual
local friction coefficient between tire and pavement.

Other parameters, such as the drag coefficient, are assumed to be constant for all times.
Though they have an influence on the absolute value of the braking distance, they do
not vary and therefore do not influence the braking distance differently from one braking
procedure to another.

In the experimental setup for full-braking tests all those parameters that can be con-
trolled are kept constant. The other parameters influence the braking distance in a stochas-
tic way. Their influence cannot be eliminated, thus they must be treated statistically by
using methods of statistics.

2.3 Possibilities to Influence the Braking Force

In Figure 2.7 forces and torques at a spinning, braked wheel are shown. In the following
the quantities used shall be introduced and defined.

Driving Direction

Braking

Braking Torque

— Torque

Controller (ABS) d Brakin
g Force,
Slip

Braking Force
Wheel Load
Controller (Active | —— Wheel Load
Shock Absorber)

Figure 2.7: Possibilities to influence the braking force by either a braking torque or a wheel-
load controller. As for the braking torque controller the ABS is state-of-the-art, as for the
wheel-load controller active shock absorbers are used in this thesis.

Braking Force Fg

The braking force at a wheel is the longitudinal part of the tire force in the contact zone
of tire and pavement. The braking force causes the vehicle to decelerate and the wheel at
which it is applied to accelerate.

Braking Torque My

The braking torque at a wheel is the torque around the wheel’s y-axis that causes the
wheel to decelerate.

Braking Slip A\

The braking slip at a wheel is defined as the difference of vehicle’s longitudinal speed vy
and wheel speed vy per v,. If the wheel locks, the braking slip equals one. If the wheel is
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completely free spinning, the braking slip equals zero.

vx(t) —ow(t) B ww (t) Tefr

e () N 1)

(2.27)

Braking Coefficient p

The braking coefficient p at a wheel is defined as ratio of braking force Fy at the wheel and
wheel load F, at the same wheel (for the definition of wheel load refer to section 4.1). Its
maximum value pimay is reached if at a given level of wheel load the braking force cannot
be increased anymore.

) = o (2.28)
ftmax = FBTI“ (2.29)

F,=const.

Applying the principle of angular momentum to the spinning wheel leads to:

JW @W(t) = FB(t) Teff — MB (t), (230)

where Jy is the mass moment of inertia of the wheel, ¢w is the angular acceleration of
the wheel, and reg is the wheel’s effective radius. The braking force and the wheel load
are connected via equation 2.28, where p again is a function of the braking slip Ag.

1= u(s) (2.31)

The braking slip is defined in equation 2.27. In its definition the rotational speed of the
wheel is involved, which means that the loop is closed back to equation 2.30.

From those simple considerations it becomes clear that the angular dynamics of the wheel
and with it the dynamics of the braking force have two inputs: Braking torque and wheel
load. Even though there are several parameters which do influence the braking performance
via their influence on the braking force (refer to section 2.2.2), generally speaking there
are those two parameters to influence the braking force on a braked wheel which can
be controlled by a car-internal system. The braking force can either be manipulated by
controlling the braking torque or by controlling the wheel load. Both are inputs for the
wheel-system. Their values together with other uncontrollable parameters determine the
braking slip and the braking force.

If there is a braking torque applied to a wheel, the wheel will slow down. This means that
then the wheel spins slower than it ought to spin in order to hold the same longitudinal
speed as the vehicle does. The slowing down of the wheel together with the constant
longitudinal velocity of the vehicle leads to a braking slip at the wheel. This means that
in the tire contact area there are longitudinal forces acting between pavement and tire,
because there is a gap in speeds of vehicle and wheel /tire.

A slipping wheel is slightly different from standard rubber friction. In the case of stan-
dard rubber friction as it is shown in Figure 2.8, two main processes lead to a friction
force: hysteresis and adhesion. While hysteresis is due to the unevenness of the pavement
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and is therefore only effected little by changing friction coefficient of the pavement-tire-
connection, adhesion strongly depends on this friction coefficient. Adhesion is therefore
much smaller for wet roads than for dry ones, while hysteresis is almost not effected by
such changes. Both effects need little amounts of deformation of the rubber in longitudinal
direction to have an effect.

RUBBER

| "Aggregate

Hysteresis Adhesion

Figure 2.8: Mechanisms of rubber friction!®.

Anyways, if the maximum applicable friction coefficient is exceeded, the rubber in Fig-
ure 2.8 begins to slide. The same holds true in case of a spinning tire with braking torque
applied.

The difference is that the total tire contact zone can be divided into different contact
areas, and depending on the amount of braking torque applied more or less of those areas
have slipping tread elements. A tread element at the very beginning of the contact zone
is undeformed. As it enters the contact zone it gets deformed. This deformation is caused
by the friction force between pavement and tire. The friction force again occurs because
there is a velocity difference of the tread elements of the tire and the pavement, which is
caused by the deceleration of the wheel due to the braking torque applied. The further the
tread element goes to the center of the tire contact zone the more deformation is applied
to it.

0¢p. Meyer/Kummer (1962): Mechanism of force transmission between tire and road p. 18 according to
Gillespie (1992): Fundamentals of Vehicle Dynamics p. 54
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2.3 Possibilities to Influence the Braking Force

At high braking levels there are areas of the total contact zone in which the adhesion
forces of the tread element cannot stand the deformation anymore and the respective
elements begin to slip. In those areas the friction force is decreasing.

Figure 2.9 shows the described process. The vertical load, the friction force, and the rel-
ative slip are shown. The integrals over the total tire contact zone of those three quantities
give the total wheel load, the total braking force, and the total braking slip of the wheel.
Therefore, the whole deformation and relaxation process finally leads to the braking force
of the wheel that leads to the deceleration of the vehicle.

Tlre

Contact

Length
Vertical
Load
Friction
Force
Relative
Slip

Figure 2.9: Deformation of the tire in its contact zone due to braking torque and braking force
applied in a braking situation®!

It also becomes clear that if and only if a braking slip occurs a braking force can be
applied to the ground. Furthermore, the maximum braking force is applied at braking slip
levels in the lower part of the spectrum from zero to one and not if the wheel locks. In
this locked case every single tread element slides over the ground. Since friction forces are
greater for friction of rest than for sliding friction, the maximum braking force applicable
is the greater the less contact areas do slide.

In the best case (maximum braking force) the tread elements are all close to sliding but
do not totally slide and sliding is limited to local areas. The reasoning given also explains
why for bold tires the optimal braking slip is lower than for brand-new tires. The shorter
the deformable tread elements, the stiffer they are. This means that the same amount of
longitudinal force causes less deformation. Also the maximum braking force just before
the tread element slips is reached at lower deformation levels. That is why the braking
slip has smaller values the shorter the tread elements are.

HGillespie (1992): Fundamentals of Vehicle Dynamics p. 55
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2.3.1 Influence via Braking Torque—ABS

The braking torque—which is the reason for the deceleration of the wheel and the existence
of the braking force—can be applied to a wheel in several different ways, e.g. by electro-
magnetic forces or by frictional forces. In any case the braking torque times the angular
velocity of the wheel delivers the part of total braking power at a wheel that is converted
by the brake. The other part of the total braking power is converted in the tire contact
zone. This part is calculated by the velocity difference of longitudinal velocity v, and wheel
speed vw = ww Te times the braking force at the respective wheel.

The ratio of the part of the total braking power converted in the tire contact zone and
the total braking power itself equals the braking slip. In case of a locked wheel, i.e. 100 %
braking slip, the entire braking power is converted in the tire-pavement-zone.

In case that the braking torque is applied by a frictional force, the frictional partners
(e.g. braking disc and braking pads) have to be compressed by a normal force. This normal
force together with the actual friction coefficient leads to the actual friction force. The
normal force again can be generated in different ways, e.g. hydraulically, mechanically,
or pneumatically. In today’s series passenger cars the hydraulic solution predominates all
other solutions by far.

Figure 2.10 shows the principle layout of an Antilock Braking System (ABS) within a
hydraulic braking system. The force applied by the driver at the braking pedal increases
the braking pressure in the brake master cylinder (BMC). This pressure is transmitted via
the brake lines to the wheel-brake cylinders. If the pressure applied by the driver is low,
the ABS will not control, the vehicle brakes as if the ABS was not there. This means the
inlet valves are opened, the outlet valves at every wheel are closed.

If the braking slip at a wheel becomes too large, the respective inlet valve is closed
in order to disconnect the BMC and the high pressure from the respective wheel-brake
cylinder. If the slip is still too large or is even increasing, the outlet valve is opened. By
this the braking pressure at the critical wheel is released and with it the braking torque.
The ABS therefore has three possible settings for every wheel: inlet valve open and outlet
valve closed, inlet valve closed and outlet valve closed, inlet valve closed and outlet valve
opened. The variable pagg ; is introduced, which can take values of -1, 0, and +1, depending
on the ABS’ current action at the i-th wheel. These three settings shall be named as:

e Increase braking pressure = inlet valve opened and outlet valve closed: pags = +1
e Hold braking pressure = inlet valve closed and outlet valve closed: pags = 0

e Release braking pressure = inlet valve closed and outlet valve opened: paps = —1

The ABS implemented in the testing vehicle also works on the hydraulic basis with a
system similar to the one shown in Figure 2.10. The signals of the wheel-speed sensors
are used to calculate the actual velocity v, of the car and to decide if one of the wheels is
about to lock or not.

The algorithm of deciding between increasing, holding, or decreasing braking pressure is
shown in Figure 2.11. It shows a control cycle of a today’s ABS for high friction conditions
(friction between pavement and tire). The increase of braking pressure leads to a decreasing
velocity v, and an also decreasing angular velocity wyw of the wheel.

12Robert Bosch GmbH (1999): Kraftfahrtechnisches Taschenbuch p. 665
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2.3 Possibilities to Influence the Braking Force

Figure 2.10: Setup of an Antilock Braking System (ABS) that is similar to the one installed
in the testing vehicle!?. 1: Brake master cylinder (BMC), 2: Hydraulic unit, 3: Damping
chamber, 4: Return pump, 5: Motor, 6: Reservoir, 7: Inlet valves, 8: Outlet valves.
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The angular acceleration of the wheel wy is negative and stays at a more or less constant
level while the braking force and therefore the braking slip is increasing. If the maximum
of the p-slip curve is reached (refer to Figure 2.5), ww drops dramatically. This happens
because at the maximum of the p-slip curve a further increase in braking torque cannot be
compensated by an increase in braking force anymore. It must therefore lead to an angular
acceleration of the wheel which will finally make it lock—if the braking pressure and with it
the braking torque is not lowered in time. This sudden drop of wheel angular acceleration
is detected by the ABS. Once the threshold (—a) is passed, the braking pressure is kept
constant (hold braking pressure). The wheel speed at the time of passing the threshold a
is memorized and named vyeference- Due to the negative angular acceleration of the wheel,
the wheel speed will also drop. If the wheel speed referred to veference drops below a slip
threshold A;, the braking pressure is released (paps = —1), in order to prevent the wheel
to lock and to keep the braking slip close to the optimal braking slip with the highest
friction coefficient possible.

An important point to keep in mind is that, due to the ignorance of the ABS about the
type of tire used, the ABS needs to determine where the optimal braking slip lies for every
braking process newly. Thus, the first drop in wheel angular acceleration and in wheel
speed can never be prevented. It is rather a necessary part of the ABS control algorithm.

This first drop in angular acceleration happens shortly before the maximum of the u-
slip curve is reached. Because of the degressiv curvature of the p-slip curve close to its
maximum, an increase in braking torque does not lead to an increase in braking force in
the same dimension anymore—this is what happens in the linear part of the u-slip curve.
Hence, because the ABS waits for the angular acceleration to drop below the threshold
(—a) and the first drop happens close to the maximum of the p-slip curve, this waiting
can be treated as determining the maximum of the p-slip curve'®.

Due to releasing the braking pressure, the angular acceleration of the wheel will increase
again. Once it crosses the threshold (—a)—this time from below—, the braking pressure
is kept constant again. If this constant level of braking pressure is such low that the wheel
will spin up more and more, the braking pressure can be increased again. This happens
if the angular acceleration of the wheel crosses the threshold A. If this very threshold is
crossed from above again, the braking pressure is kept constant. It increases even further
once wy crosses the threshold +a. Then the control cycle starts from its beginning. The
whole process is meant to find the optimal braking slip and to adjust the actual braking
slip to it.

3Robert Bosch GmbH (1999): Kraftfahrtechnisches Taschenbuch p. 662.
H4Robert Bosch GmbH (2000): Automotive Handbook p. 662
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Figure 2.11: ABS control cycle for large friction coefficients’®. vyheel = Vw, Uyehicle = Vx.
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2.3.2 Influence via Wheel Load—Active Shock Absorbers

For two reasons the ABS cannot completely reach the goal of keeping the braking slip
constant at the optimal level: Firstly, information about the actual pu-slip curve is not
present. The ABS has to estimate it. Secondly, and this is even more limiting, the ABS
has no influence on the vertical tire force: the wheel load. But this force is the second
input for the angular dynamics of the wheel (refer to Figure 2.7). In the same manner
as the braking torque does, the wheel load also influences the rotational dynamics of the
wheel.

The only difference is that a changing wheel load has to be transferred into a changing
braking force before it causes an angular acceleration of the wheel. Here a time delay
appears: If an additional wheel load is applied, the tread elements of the tire have to
deform first before the additional wheel load leads to an additional braking force. The
time that it takes for this additional braking force to establish lies in the scale frame of a
couple of milliseconds. In later chapters (refer to 5.5) this connection between wheel load
and braking force is investigated. Similar thoughts hold true for the connection between
a lowered wheel load and the decreasing braking force. In this direction the effect should
establish faster. This assumption cannot be falsified by the results shown in Figure 5.5 on
page 123, but it also cannot be verified, due to too high amounts of noise and deviations
of wheel load.

But a thought experiment makes the direction of thinking clear: A drastic example for
the influence which wheel load has on the rotational dynamics of a wheel is a completely
lifted wheel. In this case no braking force can be applied at all and the wheel will be slowed
down by a braking torque present very quickly. If the wheel is lifted, the braking force
breaks down immediately. In the other direction, if the wheel is set back on the pavement
again, it takes some amount of time for the tread elements to deform and to carry the
braking force. This extreme example makes clear that the effect which a changing wheel
load has on the braking force is assumably faster in the one direction than in the other.

The best thing in the sense of an optimal braking performance would be if each wheel
was slowed down such that the braking slip is constant at the optimal braking slip for all
times. This is because in this case 1 = p(Apopt) = fimax Would be highest. If the wheel
should be slowed down in such a way, this means that—assuming a constant deceleration
of the vehicle—the angular acceleration of the wheel would have to be constant as well.

A constant angular acceleration of the wheel implies a constant torque acting on this
wheel. That means the difference of braking torque and braking force times effective wheel
radius needs to be constant, because those two quantities sum up to the total torque on
the wheel. A fluctuation in braking torque should therefore always be compensated by a
fluctuation of braking force in the other direction. This change in braking force can only
be caused by a corresponding change in wheel load.
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Furthermore, referring to section 2.2, the wheel load can provide yet another tool: By
trying to increase wheel load at earlier times of the braking procedure and reducing it at
later times, the braking force will also be increased at earlier times, which eventually leads
to a shorter braking distance. Doing all these considerations it must always be kept in
mind that the mean value of total wheel load with respect to time over a whole braking
procedure can neither be in- nor decreased. It is always equal to the total static wheel
load. For a single wheel of the front (rear) axle, the mean value over a braking procedure
equals the static wheel load plus (minus) the wheel load due to the weight transfer from
rear to front axle.

2.4 Conclusions

In this chapter the fundamentals of vehicle dynamics which are relevant for this thesis were
introduced. The braking process in general and the possibilities to influence the braking
force in particular were presented.

Concerning the braking procedure it was noticed that the braking distance can be re-
duced in two different ways:

e Increasing the time-average of the braking force

e Distributing braking force from later to earlier times of the braking procedure

The possibility to increase the time-averaged braking force is given by the fact that due
to slip oscillations the maximum friction coefficient is not fully utilized in today’s braking
procedures.

Furthermore, besides the braking distance itself another measurand was introduced:
The quality of the braking procedure, measured by means of the integral of the squared
vehicle’s velocity V1. This quantity indicates the possible damage in case a collision cannot
be prevented anymore. The smaller VI, the better.

Depending on the distance of the center of mass and the pitching center, a braking
procedure more or less leads to oscillations in the vertical tire force (the greater the distance,
the more oscillations), even on an ideally even road. Those oscillations influence the braking
behavior.

Two possible ways were introduced that are feasible to influence the braking distance:
Either the control of braking torque or the control of wheel load. In this thesis the latter
is investigated.
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3 Tools and Research Environment

3.1 Active Shock-Absorbers

Shock absorbers in passenger car suspensions serve two different purposes: Firstly, they
have to guarantee the passengers’ riding comfort. Secondly, they have to care for a high
handling performance. Both demands have in common that for their fulfillment it is
necessary to reduce vibrations in the suspension system. This is done by dissipating
energy in the shock absorbers.

For riding comfort purposes the focus lies on the vibrations of the vehicle’s body, for an
improved handling it lies on the oscillations of the vertical tire force—mnamely the wheel
load. Shock absorbers as a part of the vehicle’s suspension usually are mantled between
wheel and body. They produce forces opposing the vibratory motion. Shock absorbers
usually produce a higher damper force in rebound than in compression for the same damper
velocity!. This is due to the fact that in compression the damper velocity can be much
higher than in rebound, because if the vehicle is passing an obstacle that is similar to a
step input, the wheel must be accelerated upwards very quickly in order to follow the step.
The vehicle’s body with its inertia standing against the damper force is also accelerated
upwards. If the damping coefficient in compression was very large, the potentially very
large damper velocity in compression would lead to a strongly accelerated vehicle body.
This would bring unwanted oscillations into the system and could cause damages due to
huge damper forces.

In the other direction, passing a step input with negative height or a hole, the damper
velocity is only as large as the wheel is accelerated downwards by the spring force. There
is no boundary restriction that implies that the wheel must be accelerated by a very high
amount. Therefore, it does not do any harm if the damping coefficient is high in rebound.
In fact, the rebound phase can be used to dissipate as much energy as possible. This is
why the damping coefficient usually is approximately two times greater in rebound than
in compression.

The same principle holds true in case of active shock absorbers. There, the rebound is
harder than the compression stage (refer to Figure 4.3 on page 66), too. Active shock ab-
sorbers are characterized by the fact that their damping coefficients can be adjusted within
a short amount of time. They do not only have one fixed characteristic line but rather—in
case of continuously adjustable shock absorbers—an infinite number of characteristic lines.
The two extreme characteristic lines shall be called ‘hard’ and ‘soft’ in this thesis (refer to
Figure 4.12 on page 77).

The shock absorber that is used for all experimental testings is a so called CDC-shock
absorber?. Its characteristic lines can be adjusted by an electromagnetic valve. The con-
struction of this kind of shock absorber is shown in Figure 3.1. Here, via the opening

'Dixon (1999): The Shock Absorber Handbook p. 250.
2Continuous Damping Control by ZF Sachs AG
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Electromagnetically
actuated valve AW

Piston valve Bottom valve

Figure 3.1: Example for an active shock absorber with external proportional and electromag-
netically actuated valve. Source: ZF Sachs AG.

condition of an outlying electromagnetically actuated valve the damping ratio is changed.
Constructions where the electromagnetically actuated valve is inside the shock absorber,
integrated in the piston valve, are also known?®. For the shock absorbers used in this thesis
the hard damping is achieved by setting the current of the electromagnet to Ip = 0 A. The
soft damping is set by a damper current of I, = 1.6 A. Both characteristic lines (soft and
hard) for the shock absorbers of the front and the rear axle can be seen in Figures 4.3 and
4.4 on pages 66 and 67. The reason for having the shock absorber in its hardest stage with
no damper current present is that in case of a system failure the shock absorbers should
not be soft but rather hard. This is because harder damping is supposably better in the
sense of a higher handling performance and is therefore safer.

In Figure 3.2 the functional principle of active shock absorbers that are controlled by an
electromagnetically actuated valve is shown. The two functional principles are an inlying
active valve (A) and an outlying active valve (B). In case (A) the hydraulic oil that is
pushed away by the piston rod in compression is pressed through the bottom valve into the
intercepting chamber. At the same time the oil from below the active piston valve is pressed
through this valve into the chamber above it. Both valves, bottom and active one, deliver
part of the damping. In rebound, the oil streams back from the intercepting chamber into
the piston chamber through the second bottom valve, whose damping factor can differ
from the one of the bottom valve which is responsible for the damping in compression.
Furthermore, the oil is pressed from the lower to the upper piston chamber through the
active valve. In both stages (compression and rebound) part of the damping is delivered by
the active valve. Thus, the damping coefficient can be influenced by changing the opening
condition of this valve.

In case of an outlying active valve the same considerations hold true in general. The
difference here is that the oil streams through the active valve always in the same direction.
In compression, oil is passing through the piston and the active valve, in rebound, it is the
bottom and the active valve which provide the damping.

For any shock absorber (no matter if active or not) the rebound/compression damping
factor ratio sgc shall be defined as the ratio between linearized damping coefficient in
rebound and the linearized damping coefficient in compression:

k
SRC = “BR (31)
kB,C

3Causemann (2001): Kraftfahrzeugstofdéimpfer p. 60.
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Figure 3.2: Principle of the function of active shock absorbers*. A: Internal electromagnetically
actuated valve. B: External electromagnetically actuated valve.

For a passive shock absorber this factor is constant and—as already mentioned above—it
usually has a value of approximately two. For active shock absorbers this ratio depends
on the setting of the shock absorber for rebound and compression. If the shock absorber
is set to hard in rebound and soft in compression, the ratio is largest. If it is set to soft in
rebound and hard in compression, the ratio is smallest.

For an active shock absorber the spreading with respect to the characteristic lines for
hard and soft damping s, shall be defined as the ratio between linearized damping coeffi-
cient in rebound or compression for hard damping and the linearized damping coefficient
in rebound or compression for soft damping.

kg
Shs,R— S (32)
kB,R
kh
Shs,C = f’c (3.3)
kB,C

3.2 Testing Vehicle

The testing vehicle being used for all experimental investigations is an Opel Astra of
the lastest generation, called Astra H. It is equipped with the so called Interactive
Driving System-plus (IDS-plus), which includes Continuous Damping Control (CDC) by
ZF Sachs AG, Germany. In series applications this semi-active suspension system mainly
is controlled by a skyhook control algorithm which reduces the vertical oscillations of the
body in order to improve the riding comfort. If a critical driving situation occurs, the
control of this car’s active shock absorbers is switched off, meaning that the dampers are

4Causemann (2001): Kraftfahrzeugstofidéimpfer p. 56
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in their hardest possible setting. This means that during an ABS-braking—which is con-
sidered to be a critical situation—, the shock absorbers are not controlled and are therefore
in the hard setting. Figure 3.3 shows the testing vehicle on the testing track ‘Standard
Road’, which is an airfield that belongs to Technische Universitat Darmstadt and is not in
use for regular air traffic anymore.

Figure 3.3: The testing vehicle which is used for all experimental testings Opel Astra H 2.0i
16v Turbo on the testing track ‘Standard Road'.

The IDS-plus system, besides the active shock absorbers, comes with several additional
equipment that cannot be found in the standard series Astra without IDS-plus. These
are namely five accelerometers to measure vertical wheel and body accelerations and an
Electronic Control Unit (ECU) to handle the signals and calculate the damper current for
each wheel individually. In Figure 3.4 the spring-and-shock-absorber unit of a front wheel
of the testing vehicle is shown. The main components and their configuration in the car
can be seen. The damper velocity is calculated from the signals of the accelerometers that
provide the vertical wheel and body acceleration.

3.2.1 Testing Vehicle Specifications

The testing vehicle’s specifications can be found in Table 3.1. The fact that the vehicle
is a standard car that can be found in large numbers in the streets is important for the
relevance and the transferability of the results gained from investigating the shock absorber
controller.

3.2.2 Testing Vehicle Measurement System

Figure 3.5 shows the testing vehicle with its series configuration. Active shock absorbers
are included in the series car as well as accelerometers at the front axle (wheels and body)
and one accelerometer at the body above the rear axle. In the series application these
sensors are connected to an Electronic Control Unit (ECU), which also includes the power
amplifier for providing the damper current. The necessary damper current is calculated
within the ECU for every wheel individually. It depends on the damper velocity vp,
which is calculated from the acceleration signals at the front axle and on the desired body
movements (usually the control objective is to damp the body oscillations against a virtual
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Table 3.1: Specifications of the testing vehicle. Sources: N.N. (2006c): Website — Opel
Ireland, ZF Sachs AG, and own measuring. Own measuring are in bold.

| Property | Specification
Make Opel
Model Astra 2.0i 16v Turbo
Engine capacity 1998 cm?

Maximum power

125kW at 5,400 min *

Maximum torque

250 Nm at 1,950 min~'

Gross vehicle weight
(A+fr+rl+rr)

1,700 kg = 2-480kg + 2-370kg (fueled, including measure-
ment equipment, driver and one passenger)

Front suspension

McPherson struts, Anti-roll bar, Sub frame, Hydraulic bushings
ipf =1

is; =1

gr = 3.5°

Rear suspension

Torsion beam, Displaced shock absorbers and coil springs
ipy = 0.68

igy = 0.88

g = 26°

Shock Absorbers

Interactive Driving System-plus (IDS-plus) with Continuous
Damping Control (CDC)

Tires

Pirelli P6000, 205/55 R16 91W
rog = 0.304...0.307 m
Standard inflation pressure pr = 2.3 bar

Mass moments of iner-
tia

1.3kgm? + 0.1kgm? for neutral position
3.1kgm?+0.1kgm? for third gear
6.3kgm? + 0.2kgm? for second gear
Jw, = 0.95kgm? + 0.08 kg m?

Jis = 1870 kg m?

Jwr =

Rims

Steel rims, 6.5”x16” ET 37

Transmission

Front-wheel drive
Six-speed manual gearbox

Braking system

Front ventilated disk brakes (280 mm diameter)

Rear disc brakes (264 mm diameter)

Friction factor between braking pads and braking disc upp = 0.4
Factor to transfer braking pressure into braking torque front
iPBQMB,f ~ 24 Nm/bar

Factor to transfer braking pressure into braking torque rear
ipgamgr &~ 10 Nm/bar

Anti-lock Braking System (ABS) with

Electronic Brake Force Distribution (EBD)

Gradient with which braking pressure is relieved by the ABS
]jB,rel = —1, 000 bar/s

Gradient with which braking pressure is increased by the ABS
PB,inc = +250 bar/s

Dimensions

Wheel base [ = 2.614m

Distance from front axle to center of gravity I = 1.13 m
Distance from rear axle to center of gravity [, = 1.48 m
Height of center of gravity hcg = 0.52m
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Figure 3.4: Spring-and-shock-absorber unit of a front wheel of the testing vehicle. 1: CDC-
shock absorber, 2: Accelerometer for vertical body accelerations, 3: Accelerometer for vertical
wheel accelerations, 4: Electromagnetically actuated valve, 5: Electronic Control Unit (ECU).
Source: ZF Friedrichshafen AG.

sky-hook). The focus is put on the front axle (it is only there that wheel accelerometers
are applied in series application), because the front axle supports 57 % of the total wheel
load and for series applications it can furthermore be assumed that the vertical excitation
at the rear axle will with a phase shift which is reciprocal to the vehicle’s speed be the
same as at the front axle.

The standard components of the series vehicle are extended by several additional mea-
suring equipment and by an active element, a braking machine. Table 3.2 gives on overview
of the measuring equipment.

The measurement system used in the testing vehicle uses analog as well as digital signals.
All quantities which are relevant for a braking procedure and which are vehicle internal
quantities can be measured. An external quantity e.g. would be the friction coefficient
between pavement and tire. This one cannot be measured with the measurement system
presented. The core of the measuring and controlling system is a dSpace Autobox which
measures all signals, calculates the optimal damper current, and gives this as an output
to the active shock absorbers. All data is gained with a sampling rate of f; = 2,000 Hz, in
order to be able to measure effects that take place in the time frame of milliseconds.

All quantities measured can be divided into two subsections: First, those measurands
that are measured to objectively value the braking procedure and to monitor the param-
eters that influence the braking distance. These sensor signals are not used to actually
influence the braking distance by using them as inputs for a controller, but they are rather
stored to be treated off-line, after the test drive is finished. For those measurands it is
not critical if their signal is slightly noisy or if there is an offset. Noise and offsets usually

5The accelerometers of the body have an integrated high-pass filter of first order with a cutting frequency
of 0.5 Hz.
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Figure 3.5: The testing vehicle with its series equipment. Source: N.N. (2006a): Website —

all4engineers.
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3.2 Testing Vehicle

Table 3.2: Sensors and actuators in the testing vehicle

Physical Sensor Position DP
Quantity
Pressure Piezo-electric sensor Wheel braking cylinder fl, | analog
fr, rl, rr, and main braking
cylinder
Opening Digital information from | Wheel fl, fr, rl, rr binary
condition of | the ECU of the ABS
ABS-valves
Displacement | ASM position sensor, po- | Wheel to body fl, fr, rl, and | analog
tentiometer IT
Velocity Datron Correvit, optical | Rear bumper, longitudinal | analog
sensor
Angular Series sensors Wheel fl, fr, rl, and rr CAN
velocity
Acceleration | Piezo-electric sensor, same | Wheel fl, fr, rl, and rr, ver- | analog
sensor-model as used in | tical, Body fl, fr, rl, and rr,
the production-model of the | vertical at suspension strut
Opel Astra® mounting, Body, longitudi-
nal
Force and | Kistler 6-components mea- | Wheel load fl, braking force | analog
torque suring rim, piezo-electric fl, and braking torque fl
Temperature | Thermocouple Typ K Brake disc fl analog
Light inten- | Light barrier sensor Rear bumper analog
sity
| Actuator | Position DP
Braking machine, electric | Attached to the braking | analog
motor pedal
Magnetic coils Active shock absorbers fl, | CAN

fr, rl, and rr
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can be handled off-line with a minimum of loss in signal accuracy. As for the noise, this is
because the relevant frequencies lie way below the typical noise frequencies in automotive
applications (20-30 Hz compared to 100 Hz and more).

The other group of measurands are more crucial with respect to their realtime com-
putability. It is those measurands which deliver the inputs for the controller—that is why
they need to be computed in realtime while driving and braking. The vertical accelerom-
eters provide the signals from which the dynamic wheel load is computed, the position
sensors provide the signals from which the damper velocity is determined. Thus, for the
vertical accelerations an offset correction is undertaken at the beginning of every test day.

For the position sensors the offset can be neglected, because the damper velocity is
the derivative of their signals, and a possible offset therefore does not play a role in the
calculation of the desired signal. But by taking the derivative, high-frequency noise is
amplified. Hence, filtering is necessary for this signal, which leads to a phase shift. Since
the relevant frequencies in the signal of the damper velocity are much lower than the
necessary cutting frequency (refer to 5.9 on page 132 for the frequencies of the damper
velocity during full-braking, the cutting frequency lies at 40 Hz), this phase shift influences
the course of damper velocity in a time frame of a couple of milliseconds. Though there
is this additional time delay on top of all other time delays, this one is small compared to
the others.

Another crucial sensor whose signal needs to be present in realtime is the light barrier
attached to the rear bumper. With this sensor not only the braking procedure is initiated,
but also the determination of the longitudinal velocity is verified for every test drive. It is
for every test drive that five meters before the light barrier reflector whose signal initiates
the braking procedure another light barrier reflector is placed. Thus, knowing this distance
of five meters during which the velocity of the vehicle is still constant, the signal from the
so called Correvit sensor can be verified and, if necessary, calibrated.

3.2.3 Measuring Rim

A 6-component measuring rim is used for test drives on defined obstacles to determine the
wheel load and the braking force at the front left wheel (refer to section 5.2.2 for these test
drives). A wheel of the front axle is chosen to mount the measuring rim at, because the
front axle is responsible for more than 3/4 of the overall braking force.

Figure 3.6 shows this measuring rim installed at the front left wheel of the testing vehicle.
The actual measuring element is connected with the rim well via two rigid adapters. The
purpose of using the measuring rim is to measure the wheel load—the vertical tire force
in the contact zone of tire and pavement. But between the measurand ‘real wheel load’ F,
and the place of measuring, where the force F, i, is captured, lies the tire, which cannot be
treated as a rigid body. Thus, F} ,in only represents F, with high precision at frequencies
that are such low or such high that the tire can be assumed to be rigid. Evers and Reichel
investigated this topic in detail for a measuring rim mounted to a 1999 BMW 5 series
passenger car on a 4-post test rig.

Figure 3.7 shows the transfer function from the force that is measured by the test rig
described in section 3.3 and that is representing F, in high precision to the force F,;im

6Evers et al. (2002): Radkraft-Dynamometer (RWD/FWD) als Entwicklungswerkzeug fiir Felge und Rad-
aufhingung.
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Measuring
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7,rim
Outer
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Rim well

Figure 3.6: Measuring rim installed at the front left wheel of the testing vehicle.

which is measured by the measuring rim. This figure shows that on amplification level the
measuring rim represents the real wheel load for frequencies up to 5-12 Hz, depending on
the damper setting. The data was gained in test rig trials with the testing vehicle Opel
Astra.

For soft damping it starts at 5 Hz that the measuring rim captures a signal that is smaller
than the real wheel load. The amplification is approximately 1.5 throughout the frequency
band from 5-20 Hz. For hard damping it starts at 12 Hz that the amplification increases
and also reaches a value of 1.5 at approximately 20 Hz. On phase level it can be seen that
there is almost no phase shift between F, and F} i, up to 8 Hz. Starting from there, the
phase shift for soft damping decreases linearly, for hard damping it increases slightly but
stays bounded to a maximum of 0.1 7. The linearly decreasing phase shift for soft shock
absorbers implies that there is a constant time delay in the transfer function from real
wheel load F), to rim force F, . Calculated from the data in Figure 3.7, this time delay
ATFZ ~ Sms.

It is contrary to expectation that the transfer function depends on the damper setting,
because the shock absorber is mounted behind the point at which the rim force F, iy, is
measured—viewed from tire perspective—and should therefore not influence the considered
transfer function. An explanation for this phenomenon cannot be given, but nevertheless
the observed time delay can be considered when looking at results when using the mea-
suring rim. For low frequencies up to 5 Hz the signals from the rim can be considered to
represent the real wheel load. For higher frequencies the previous considerations must be
taken into account.

3.2.4 Indirect Measurands

Several quantities which are needed for the controller or for measuring purposes cannot be
measured directly. These have to be determined by calculus from actual direct measurands.
Examples for such quantities are the dynamic wheel load, the damper velocity, or the
braking slip. The dynamic wheel load, the wheel load integral, and the damper velocity
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Figure 3.7: Transfer function from wheel load measured by the measuring rim to wheel load
measured by the test rig.
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take a special place in the list of those non-measurable quantities, because they are essential
for the control algorithm. For this reason, these three quantities shall be introduced in
more detail.

Dynamic Wheel Load

The dynamic wheel load F, gy is determined by a deviation of the so called Aachen pro-
cedure’. In the Aachen procedure it is assumed that the vehicle can be modeled with a
quarter-car model, where pitching and rolling is neglected. This holds true for constant hor-
izontal forces (constant de- or acceleration or constant lateral forces). In case of transient
braking (changing braking forces, beginning of braking), the vehicle cannot be modeled
in such a simple way anymore, because the pitching and rolling influences the values of
the dynamic wheel load at each wheel. This alone would not make the Aachen procedure
unserviceable for determining the dynamic wheel load if those influences of pitching and
rolling were completely measurable by means of only the two vertical accelerations of the
respective wheel and the respective part of the body. This is not the case, for the wheel
load at a given wheel leads not only to accelerations at this very wheel, but at other vehicle
corners as well.

Accelerometers are used to calculate the dynamic wheel load on every wheel. In fact, the
dynamic wheel load has its highest influence on the vertical acceleration of the respective
wheel and on the vertical acceleration of the body directly above this wheel. Moreover,
there is an influence on the vertical accelerations of the rest of the vehicle’s body with
descending strength in the following order:

e The vertical acceleration of the vehicle’s body above the second wheel at the same
axle

e The vertical acceleration above the second wheel at the same track

e The vertical acceleration of the vehicle’s body above the diagonal opposing wheel

The right and left track, and the front and rear axle are coupled via the so called coupling
mass. This means that a vertical force at the front (rear) axle leads not only to a vertical
acceleration at the front (rear) axle but also at the rear (front) axle. The same holds true
for the coupling between right and left track. A vertical force at the right (left) track
leads not only to a vertical acceleration at the right (left) but also at the left (right) track.
This is because the mass matrices of the vehicle model which explain oscillations in the
x-y-plane and in the x-z-plane are both completely filled.

In Figure 3.8 a rigid mass with a mass m and moment of inertia .J is shown that shall
explain the effect of the coupling mass for a vehicle, both with respect to angular oscillations
around the x- and the y-axis. The motion of the mass can be described completely by either
making use of the set of coordinates z; and 25, or by making use of the set of coordinates
z and v. Both coordinate systems are a basis for the mass’ motion. The mass is forced by
an external force at the coordinate z;. The mass and its inertia shall stand for half of the
mass of the vehicle’s body and its inertia around either the x- or the y-axis.

It stands for half of the mass because with this model the coupling along one axle
(angular motions around the x-axis) as well as along one track (angular motions around

"Winner (2006): Kraftfahrzeuge IT p. 95.
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F :I: >
L b

Figure 3.8: Rigid body with mass m, mass moment of inertia .J and a force F' applied to the
coordinate z;.

the y-axis) is investigated. The external force stands for the force that is applied at one
suspension strut, it might be the damper force that is applied additionally due to switching
of the shock absorber. The system of equations that describes the motion of such a mass
with an external force is given by:

v L)1k "

Assuming that ¥ < 1, the transformation matrix

lo ly
_ l1+1 l1+1
A_[_l b 112} (3.5)
i+l Ui+l

can be formed. This matrix connects the two different coordinate systems.

z 21
=A .
Transforming the system of equations presented in equation 3.4 into the coordinate
system z; and 2y leads to:

T m 0 z . T F
A[O J}A[ﬁ}_A{_M] (3.7)
which is equivalent to
l2 J J .

wiir | o me ] [2]-[0] 09

(ll+l2)2 m_m mi‘f‘m ) 0
This means that if m — ﬁ equals zero, the two equations are decoupled. For all other
values of m — ~Z- the two equations are coupled. m — ﬁ is the so called coupling mass

I1 2
m.. The coupling mass is a virtual point mass that cannot be measured in the sense of a

real mass. It can also have negative values. The rest of the total mass m is distributed
to the virtual masses m; and msy. These are point-masses that are assumed to lie at the
coordinates z; and 25 respectively. Keeping in mind that the three virtual masses must
sum up to the total mass, that the position of the center of gravity should not be effected
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by introducing those three masses, and that the total mass moment of inertia around the

center of gravity of the virtual masses has to equal .J, the virtual masses are determined
by:

J

__ 7 3.9
T ) (3.9)
J
__ S 3.10
"0 T ) (3.10)
me =m — L (3.11)
I 1

What can the introduction of the coupling mass help to do? It shows that if a force
is applied at coordinate z;, this causes not only an acceleration at this very coordinate,
but also at coordinate z;. This acceleration at coordinate 2z is negative if the coupling
mass is negative, it is positive if the coupling mass is positive, and it is zero if and only
if the coupling mass equals zero. The coupling mass sets into relation the mass moment
of inertia J and the mass m. If J is very large, much greater than m/; [, the coupling
between z; and z; is not only strong, but also negative. On the contrary, if m [ l5 is much
greater than .J, the coupling is also strong, but positive.

Beside the coupling via the vehicle’s body, there is also a direct coupling between two
wheels of the same axle for the testing vehicle. At the front axle this is due to the anti-roll
bar, at the rear axle the torsion-beam acts in a similar way. Hence, the wheels of one
axle are connected via a rotational spring. In both cases a positive (negative) vertical
deflection of a wheel on the one side causes a force that accelerates the wheel on the
other side upwards (downwards). The wheel load on one wheel therefore not only causes a
vertical acceleration of the wheel where it is applied, but also on the wheel of the opposite
track.

Thus, the dynamic wheel load for the i-th wheel can be calculated by the following
equation, making use of the fact that the dynamic wheel load causes vertical accelerations
of the respective wheel, the opposite wheel, and of the body in the previously described
manner.

F,ayni = P1i 2w,i + P2,i ZB,i + P3,i 2Bj + Pai 2Bk T P56 2W,j (3.12)

In this equation Zyw ; is the vertical acceleration of the wheel whose wheel load should
be determined, Zp; is the vertical acceleration of the body above this wheel, Zg; is the
vertical acceleration of the body above the wheel of the opposite track on the same axle,
Zg, 1s the vertical acceleration of the body above the wheel of the same track but on the
other axle, and Zw ; is the vertical acceleration of the wheel of the opposite track on the
same axle. The coefficients p;; to ps; can physically be interpreted as the masses of the
respective quantities but are not completely similar to them, because it is not only the
respective mass that is represented, but also the coupling of this mass with the considered
wheel. The parameters p;; to ps; used for all test drives are shown in Table 3.3.

The determination of these parameters was verified in test rig experiments, where the
real dynamic wheel load could be measured in high precision, and in braked test drives,
where the signal of a 6-component measuring rim minus the weight transfer was used to
validate the calculated wheel load at the front left wheel.
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Table 3.3: Parameters that are used for the so called extended Aachen procedure to calculate
the dynamic wheel load on every wheel.

11
S Pri | Poi | P3| Pag | Psgi

in kg )

t |36 |377| 76 | 44 | 20
r | 22 (29724 | 44 | 20

Wheel Load Integral

The integral of dynamic wheel load, or wheel load integral, FI is introduced because it
is the main control variable for the active shock absorber controller (refer to section 5.3).
For the exact definition of the wheel load integral refer to section 4.1. It is gained by
integrating the dynamic wheel load introduced in the previous section. This quantity has
the property that due to the filtering behavior of the integral its frequency spectrum is
shifted to lower frequencies than that for the dynamic wheel load. Due to the fact that
higher frequencies are suppressed by the integral, the distribution of importance of the
five coefficients changes. The wheel of the same axle on the opposing track for example
has almost no influence on the wheel load integral anymore, because wheel accelerations
take place at rather high frequencies above 10Hz. To determine to which amount the
parameters p;; to ps; change their relevance, a parameter influence analysis is executed.

Figures 3.9 and 3.10 show the results of parameter variations for the wheel load deter-
mining parameters with respect to their influence on the wheel load integral. The data
in these figures are gained from a full-braking procedure. The wheel load integral is once
measured by means of the test-rim minus the weight transfer and once by integrating the
dynamic wheel load calculated in equation 3.12. Then the parameters which determine
the dynamic wheel load are varied one by one. The variation is plotted on the x-axis (a
value of 1.05 here means that the respective parameter has been increased by 5%). The
change in wheel load integral that is caused by the change of the respective parameter is
plotted on the y-axis. It can be seen that the wheel load integral reacts most sensitive on
parameter py; for both hard and soft damping.

Other parameters, especially the parameter ps;, which connects the wheel load of the
front left wheel with the acceleration of the right left wheel, do not influence the wheel
load integral by much. This implies that with respect to the wheel load integral the body
movement of the wheel for which the wheel load integral should be determined is most
relevant. The wheel load integral is therefore by big parts influenced by the pitching of
the body. Wheel oscillations do not have a great influence on the wheel load integral. It
can furthermore be seen that for soft damping the wheel load integral has a much higher
influence on the front right wheel and on the front right body acceleration than for hard
damping. This is due to the fact that for soft damping the rolling of the vehicle is stronger
than for hard damping. Therefore more acceleration on the opposing track is measurable
for the same wheel load integral in case of soft damping than in case of hard damping.
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Figure 3.9: Parameter variations of the wheel load determining parameters and their influence
on the wheel load integral for hard damping.
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Damper Velocity

The damper velocity vp is, beside the wheel load integral, the second input for the
MiniMax-controller introduced in section 4.4. The information needed to be obtained
is firstly the direction of the damper’s moving, either compression or rebound, and sec-
ondly the strength of the moving, the absolute value of vp, because a switching of the
damper at high damper velocities causes a larger effect than at low damper velocities.

vp cannot be measured directly in the testing vehicle, as no velocity sensors are imple-
mented in the struts. In series application the damper velocity is therefore calculated by
integrating the difference of body and wheel acceleration. This works fine as long as the car
is not decelerated. In case of deceleration the frequency spectrum of the damper velocity is
shifted down to low frequencies (due to the body pitching motion). This causes problems
in the calculation of the damper velocity from accelerometer signals, for the accelerometers
include high-pass filter that suppress low frequencies.

Furthermore, in case of deceleration the accelerometers of the body not only measure
the vertical body acceleration anymore (which they ought to do), but they rather measure
the very low-frequency longitudinal acceleration of the vehicle as well, because the body
and with it the body accelerometers are pitching. This is a second reason why the signals
of the accelerometers are not suitable in the given context to measure the damper velocity.

Since the low-frequency body motions are of high interest in the given context, because
the wheel load integral strongly correlates with those motions, the damper velocity is
calculated from the signals of the spring deflection sensors on every wheel. From their
signals the derivative has to be taken of, which leads to a noisy signal which needs to be
filtered by a low-pass filter. This again leads to a time delay in online testing. Nevertheless,
since the time delay of the filter used is in the dimension of 10 ms or less and the important
frequencies lie below 5 Hz, to filter the derivative of sg is a much better choice to determine
the damper velocity than to integrate Zg — Zyw.

This has been investigated in test rig trials and in real test drives. The damper velocity
was determined off-line, the phase-shift was adjusted, and the realtime damper velocity
signals from both the spring deflection sensors and the accelerometers were compared
with the off-line reference. This shows that especially for low frequencies below 2Hz
the determination of damper velocity from the accelerometers is much worse than from
deflection sensors.

3.3 4-Post Test Rig

For investigation of the testing vehicle’s vertical dynamics a 4-post test rig is used. This
one allows to apply a seismic excitation at every wheel independently from each other.
The actual wheel load F,; at the i-th wheel and the stroke of the i-th hydraulic post s ;
can be measured. The range of the posts’ stroke reaches from min(s,,;) = —125mm to
max(s,;) = 125mm. The test rig can supply a maximum force of 40kN per post. The
wheels are not bound in lateral direction, which means that lateral tire forces, which would
influence the vertical oscillation, are not present. The seismic excitations applied at each
wheel are free to be chosen within the limitations due to the hydraulic power of the test rig.
Pseudo-noise seismic excitations can be applied as well as a sinusoidal or a chirp signal.
Figure 3.11 shows the testing vehicle standing on the 4-post test rig.
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Figure 3.11: Testing vehicle on the 4-post test rig of ZF Sachs AG in Schweinfurt. A seismic
excitation can be applied to every wheel independently.

The test rig is used to investigate the vertical dynamics of the vehicle and in particular
to investigate the effect of switching the shock absorbers on wheel load. The advantage
of using a test rig is the high reproducibility of the signals measured. E.g., the seismic
excitation can be preset in high accuracy on a test rig, which is not possible on a regular
pavement. The driver plays no role when testing on the test rig. Neither does the weather
condition nor the heating of the tires and the brakes when executing real test drives.
Using the test rig has the disadvantage, however, that only the vertical dynamics can be
investigated and even there, that the coupling between longitudinal and vertical dynamics
cannot be looked at. No effect on the vertical oscillation of the vehicle which is caused by
lateral or longitudinal forces can be investigated.

3.4 Test Tracks

To avoid the problems of missing coupling between horizontal and vertical dynamics in
the test rig experiments, real test tracks have been defined that allow to investigate the
vehicle’s behavior with the wheel spinning and the braking system braking.

3.4.1 Test Track ‘Defined Obstacles’

When it comes to real test drives there is always the problem of reproducibility. It is
hard to guarantee it on a normal road with standard kind of excitation amplitudes. For
many investigations this can be dealt with by either executing many tests and/or looking
at measurands that are highly integrative. But some test drives demand a very high
reproducibility in the short time-scale, e.g. if the effect on wheel load, braking force or
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braking slip of one single switching process should be investigated. In such cases it is useful
to make use of defined obstacles. Those should have a given shape that is known and the
excitation caused by them should be rather high so that it clearly can be differed between
the response to the excitation of the obstacles and the response to the standard pavement
(which is not very reproducible). In this thesis two cosine-shaped obstacles (cosine waves)
have been used (refer to Figure 3.12). Their elevation profile is governed by the following
equation:

- 2
how(2) = how [1 — cos <—”x)] , (3.13)
W
where the length of the cosine waves is [cw = 2m and their maximum elevation from
the ground is 2 hcw = 0.04 m (refer to Figure 3.13). Both are oriented parallelly in driving
direction.

Figure 3.12: Cosine-shaped obstacles that are used for test drives to cause reproducible and
high-magnitude oscillation responses of the testing vehicle®.
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Figure 3.13: Elevation vs. longitudinal length of the cosine-shaped obstacle.

Depending on the passing velocity, the cosine waves excite the vehicle at differing fre-
quency bands. The faster the vehicle crosses the obstacles, the higher are the excitation

8Reichel (2003): Untersuchungen zum Einfluss stufenlos verstellbarer Schwingungsdédmpfer auf das insta-
tiondre Bremsen von Personenwagen p. 48
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frequencies (refer to Figure 3.14). The cosine waves are made from steel and rigidly con-
nected to the pavement. Their driving surfaces are glued with a so called Safety Walk,

which is an artificial pavement with similar properties (especially the friction coefficient)
as normal asphalt pavement.
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Figure 3.14: Frequency spectrum of the seismic excitation caused by passing the cosine waves
for different passing velocities. Data gained by calculus®.

3.4.2 Test Track ‘Standard Road’

The test track ‘Standard Road’ has been chosen with the intention to get results from driv-
ing and braking on it that are comparable to the ones on a typical German Autobahn. The
test track is located on a closed airfield that belongs to Technische Universitdt Darmstadt
and can be used for test drives (August-Euler-Flugplatz in Griesheim). In Figure 3.15 this
test track is shown. The white line in the picture marks the elevation profile of this test
track, which has been measured (refer to Figure 3.16). This profile has a slowly increasing
slope (70 cm per 100m) and its unevenness is comparable to the one on typical highways.

From inspection it can be seen that the pavement structure looks similar to the one that
can be found on typical roads.

9Reichel (2003): Untersuchungen zum Einfluss stufenlos verstellbarer Schwingungsdimpfer auf das insta-
tiondre Bremsen von Personenwagen p. 61
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Figure 3.15: Test track ‘Standard Road’ (an airfield) on which part of the braking tests are
executed with the testing vehicle during a braking procedure.

To make this inspection more quantifiable two measurands are chosen which allow to
compare the test track to other roads:

The unevenness Up and the Delta Spring Displacement Asg. It is assumed that the
power spectral density of the pavement overdriven shows a linear behavior in the double-
logarithmic frequency domain. The unevenness Up values the elevation profile of the
pavement in the frequency domain. The Delta Spring Displacement Asg provides with
information about the overall power of the excitation due to driving over a given pavement.
As is shown in section 4.4.2, this quantity is based on the self-leveling effect of active shock
absorbers. It measures the change in vertical level of the vehicle’s body for different shock
absorber configurations and is the higher, the stronger the seismic excitation, the more
power is put into the system due to the pavement’s vertical unevenness. Asg measures
therefore the overall unevenness. Up provides with information about how the power of the
pavement is distributed in the frequency domain. Up is the negative slope of the elevation
profile plotted vs. the wave number.

Figure 3.16 shows the elevation profile of a 100-m-part of the airfield which is used to
execute braking procedures. The data is gained from own measuring with a laser distance
instrument. Besides the determination of the slope, which can be seen in the figure, the
measurement of the elevation profile was undertaken to determine the roughness of the
pavement.

Figure 3.17 shows the frequency spectrum of the elevation profile of the test tracks that
are used for the braking procedures. It can be seen that the unevenness Up ~ 1 £ 0.1
on the chosen track. For typical highways Up ~ 1 as well (refer to Mitschke!®). This
means that the chosen test track is similar to a typical German highway with respect to the

1Mitschke/Wallentowitz (2004): Dynamik der Kraftfahrzeuge p.298.

"The unevenness W in relevant literature is often defined as the slope of the power spectral density (PSD)
of the pavement. Here Up is the slope of the elevation profile and has therefore values that are by the
factor two smaller than the ones that are calculated from using the PSD.
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Figure 3.16: Longitudinal elevation profile of the test track ‘Standard Road’ that is used for
braking tests mainly.

measurand Up. For such a typical road the amplitudes of elevation decrease approximately
with !, same as the amplitudes on the test track ‘Standard Road’ do.

For the test track ‘Standard Road’ the same testing procedure as explained in section 4.5
is executed. The value for the Delta Spring Displacement at the front right wheel for
this testing track at a vehicle’s speed of 85km/h and for switching from F, ., = +1 to
F, req = —1 or vice versa is

Asg g = 2.8 mm. (3.14)

Comparing this value with the ones from a typical German Autobahn, which are pre-
sented in Figure 4.17, shows that the test track chosen is comparable to those typical
roads. This is for two reasons: First of all, because the frequency spectrum of the test
track chosen is similar to the one that can be found on ordinary highways. Secondly, the
newly introduced measurand Asg, which measures the possible effect strength on a given
pavement, is also comparable to the ones found in reality. Thus, the test drives executed
on the test track chosen are assumed to be representative for such typical highways as the
ones shown in Figure 4.14. For those kinds of pavement, that is for stochastic pavements
which feature a linear decreasing elevation profile in the double-logarithmic wave-number
plot, the frequency spectrum of the excitation is independent of the driving velocity. With
increasing velocity it is only the magnitude that increases, but the distribution of excitation
over the frequency spectrum remains constant.

Thus, results which are gained on such a test track for the case when the only excitation
is the seismic excitation (no braking, acceleration, or curve-driving), can be assumed to
have the same quality, no matter at which driving speed they are gained. If hard damping
is better with respect to lowering the RMS on wheel load on a given stochastic road at one
constant velocity, it should be better for every constant velocity.
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Figure 3.17: Spectrum in the distance domain of the test track that was used to execute
braking procedures on an ordinary road. The longitudinal elevation profile of a distance of 100
meters was measured. The spectrum for the total 100 meters, the first 50 meters and the last
50 meters are shown. ) is the so called wave number that measures the number of waves per
100 meters. A = 10/(100 m) means that there are 10 full wavelengths per 100 meters at the
given pavement.
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3.5 Conclusions

3.5 Conclusions

In this chapter the testing tools have been presented. The active shock absorbers which are
used as actuators in this thesis and the terms spreading and rebound/compression ratio
have been introduced. Both are essential parameters for the effect which an active shock
absorber can have on the vertical dynamics. The testing vehicle is chosen such that it
covers a wide range of vehicles that can be found on German streets. A braking machine
is used to guarantee that the initial slope of braking pressure is reproducible from one
braking procedure to another.

Most of the physical quantities that ought to be determined to value the braking per-
formance can be measured by means of sensors whose signal is directly connected to the
respective physical quantity. Some measurands, however, have to be determined indirectly.
The most important representatives for those are the dynamic wheel load, the wheel load
integral, and the damper velocity. The former are calculated from accelerometer signals,
the latter is calculated from the signals of displacement sensors.

The testing tools used include ones that are meant to investigate the vertical dynamics
of the testing vehicle, ones that allow to investigate the coupling between vertical and
longitudinal dynamics, and ones that are chosen to determine the braking distance.

The first purpose is fulfilled by a 4-post test rig which is used for vertical excitations of
the testing vehicle, for the second purpose defined, cosine-shaped obstacles are used, and
for the latter purpose a test track that is comparable to a German highway is chosen. This
test track is selected such that a representative statement about the potential to reduce
the braking distance by means of active shock absorber control is possible.

The parameters which influence the braking distance have been identified and distributed
in two dimensions over three categories each. There are parameters which can be controlled
and measured, and these are the ones which are indeed kept constant during the braking
procedures in order to make them comparable. All parameters which cannot be controlled
must be treated as random errors to the results of the determination of the braking distance.

Summarizing, it can be stated that the testing tools are chosen such that the braking
distance can be determined in the precision which is required to measure the effect which
the vertical dynamics has on the longitudinal dynamics. Furthermore, all testing tools are
chosen such that the expected conclusions are representative for real-life applications.
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4 Vertical Dynamics

In this chapter the vertical dynamics of the testing vehicle are investigated in a quarter-
car simulation model, in test-rig trials, and in test drives. The objective is to find the
connection between the switching of the shock absorber from one constant line to the other
(hard to soft or vice versa) and the course of wheel load in the time and the magnitude
domain. To do this it is necessary to define references to which the course of wheel load
after switching the shock absorber can be compared. Thus, experiments with a high
reproducibility of the course of wheel load are designed in order to be able to compare the
course of wheel load with and without switching the shock absorber.

After introducing a couple of definitions in section 4.1, in section 4.2 the general possi-
bility to have an influence on wheel load by means of active shock absorbers is explained.
The focus lies on the transient behavior of the wheel load, the behavior in the long run
does not play a role here.

The quarter-car model which is used for numerical investigations of the vertical dynamics
is introduced in section 4.3. This model is a seismic excited non-linear oscillator with two
degrees of freedom. Tt is also in this section that fundamental thoughts about the frequency
range in which the use of a shock absorber controller makes sense are developed. For those
thoughts the quarter-car model is partly linearized by using constant but differing damping
coefficients for rebound and compression.

Based on those fundamentals, the core controller with which the wheel load is con-
trolled is introduced in section 4.4. It is called MiniMax-controller, for it is a control logic
which switches between hard and soft damping. The possibility to continuously adjust the
vehicle’s damping is not made use of. The controller works individually for each wheel
and has two inputs: the actual damper velocity vp and the actual request of wheel load
F,req € {—1,41} at the respective wheel. The one and only output is the damper current
In € {0A,1.6A}. With this core controller artificial characteristic lines for the shock
absorbers can be generated, depending on the request of wheel load. These lead to a
lowering/lifting of the body, whose effect is discussed in section 4.4, too.

The complex source of the request of wheel load which is applied to reduce the braking
distance—an essential part of the overall controller—is not discussed in this chapter, but
in chapter 5, where the longitudinal dynamics are addressed.

In the following section 4.5 the testing vehicle is set on a real road and the lifting and
lowering effect of the MiniMax-controller is used to determine the roughness of standard
southwestern German highways. The results of these measuring are taken to compare the
actual testing track ‘Standard Road’ with a typical Autobahn in order to make the braking
results transferable.

In section 4.6 in test rig experiments three steps are undertaken: First of all, the effect
which the switching of the shock absorber has on wheel load is determined in its time and
magnitude frame for a real car—the testing vehicle described in section 3.2. Secondly,
the effect is compared for different excitation scenarios to determine if the places where
the seismic excitation is applied affect the results. Finally, the numerical results from
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investigations with the quarter-car model are compared with the results from the test rig.

4.1 Definitions

First of all, a couple of definitions shall be introduced for the vertical dynamics of a
passenger car.

Wheel Load F,

The wheel load F, is the part of the force in the contact zone of tire and ground which
acts in z-, meaning in vertical direction. This force is counted positive if it acts in upward
direction with respect to the tire. In the scales measured in the given context the wheel
load can never have values below zero, because at value zero the wheel loses its contact to
the ground.

Static Wheel Load F, g,;

The term static wheel load describes the force F, 4, in the contact zone of tire and ground
that acts in the static case (the car is not moving and standing on a horizontal plane) in
z-direction. It only depends on the total mass of the car and on the mass distribution and
is assumed to be time-invariant during a driving cycle. Obviously the static wheel load
always has positive values.

Body Induced Wheel Load £,

Body induced wheel load shall be defined as static wheel load which changes its value due
to the deceleration —Zy during the braking process and is reflecting the weight transfer.
At the rear axle wheel load is decreasing while at the front axle it is increasing during
braking due to forces acting below the vehicle’s center of gravity hcg. This part cannot be
controlled and therefore must not be controlled. The body induced wheel load is defined
as follows:

FZ,bi,f(t) = Fz,stat,f + AF1z,bi (41)

for a wheel at the front axle and

FZ,bi,r(t) = Fz,stat,r - A}Fz,bi (42)

for a wheel at the rear axle, with

1 h
AF, ;i = imv(—fv(t))% (4.3)

as the difference of wheel load between braking and non-braking situation due to weight
transfer which leads to a greater (smaller) stationary wheel load. hcg is the height of the
center of gravity of the whole vehicle, measuring from the ground, [ is the wheel base—the
distance from one axle to the other—, my is the total mass of the vehicle and Zy the
longitudinal acceleration of the vehicle. vy is negativ for braking. The same holds true
for weight transfer from right to left lane when a lateral force acts on the vehicle below
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4 Vertical Dynamics

hcg. Since in this thesis only test drives moving straight ahead are undertaken, this kind
of weight transfer does not play a role in the given context.

Dynamic Wheel Load F, 4y,

The dynamic wheel load F) 4y, is the difference of the actual wheel load and the body
induced wheel load. Without any longitudinal forces on another elevation than h¢g acting
on the vehicle, this is equal to the difference of actual wheel load and static wheel load.
The dynamic wheel load describes the oscillation of wheel load and by this it has positive
and negative values.

F, ayn(t) = F,(t) — F, 1i(1) (4.4)

Wheel Load Integral FI
The integral of the dynamic wheel load FT is defined as

t

FI(t) = /Fz,dyn(T) dr. (4.5)

Its benefit is explained in detail in section 5.3. Here it should just be introduced and
defined analytically. The mean value of the wheel load integral is always zero in the long
run, for the dynamic wheel load’s mean value always equals zero in the long run. Thus,
the wheel load integral cannot drift away and is therefore bounded within the limits of the
maximum oscillations of the dynamic wheel load.

RMS on Dynamic Wheel Load RMS(F, 4y,,) = F°

z,dyn

The RMS on dynamic wheel load between times ¢y and ¢; is defined as follows:

t1
1
RMS(F, 4yn) = FH = / F2,dt (4.6)

z,dyn tl . t[] z,dyn
to

The same definition holds true for every variable X.

RMS(X) = X°f =

t1 —tp

4.2 Possibilities to Influence Wheel Load

As it was shown in section 2.3.2, the braking force can not only be controlled by a system
which acts on the braking torque—as the ABS does—, but it can also be influenced by
acting on the wheel load. Principally speaking, both ways are suitable for the given
purpose in the same manner. Here the wheel load is influenced by controlling the active
shock absorbers to finally influence the braking force and the braking slip. But how can
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4.2 Possibilities to Influence Wheel Load

the wheel load be influenced by an active shock absorber? How does the causal direction
look like? To answer these questions a simple switching from hard to soft damping is
investigated in more detail. For hard damping, the damper force is greater than for soft
damping, constant damper velocity provided.

In Figure 4.1 a part of a quarter-car model is shown which only includes the damper
force. The force of the spring can be neglected for the following thoughts. The damper is
considered to be in rebound at a constant velocity vp = vg — vw = const > 0. In rebound
the damper force points upwards with respect to the wheel and downwards with respect
to the body. This means that during rebound the damper force reduces the wheel load.
If the damper force was not there, the wheel would not be pulled upwards and therefore
the wheel load would be greater than it is with the damper force being present. But
what happens if the damper is switched from hard to soft damping at a given velocity in
rebound? The damper force will decrease, the wheel will be pulled upwards less and the
wheel load will therefore increase.

Body T Up

R

T F (I,=0A
N b(IH=0A)

|

) — \FZ<[D:0A>

FD<ID:[D,max)

F(I,=I

D,max

Figure 4.1: Damper force for hard and soft damping in rebound and its effect on wheel load®.

Similar considerations can be made for every possible state of damper movement and
finally one ends up with a quite simple matrix which is called the Wheel Load Influence
Matrix (refer to Table 4.1). It ought to be read in the following manner—exemplarily
for the upper right corner: If the damper is switched from hard to soft in rebound, this
will lead to an increase in wheel load. The switching must be thought of in the following
manner: By changing the system-immanent parameter kg, one ends up with a system with
a new set of parameters. Compared are then the two courses of wheel load for those two
systems, starting from the same initial conditions. Those initial conditions are the actual
system states at time of switching the shock absorber in both cases.

'Tf the damper is in rebound and it is switched from hard to soft, the damper force will decrease and
since it acts upwards with respect to the wheel the wheel load will increase.
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4 Vertical Dynamics

Table 4.1: Wheel Load Influence Matrix

Shock abs.
stage .
L & Compression| Rebound
Switching
of shock abs.
Decrease in | Increase in
Hard to soft
wheel load | wheel load
Increase in | Decrease in
Soft to hard
wheel load | wheel load

4.3 Quarter-Car Model and Simulation

A quarter-car model is used to investigate the vertical dynamics of the testing vehicle. The
model is shown in Figure 4.2. The model has two degrees of freedom, body deflection zp
and wheel deflection zw, and is forced by a seismic excitation zy. It consists of two point
masses which represent the part of the total body mass mg that acts on the respective wheel
and the wheel’s mass myw. Furthermore, it contains a linear spring and a linear damper
for the wheel’s vertical stiffness cyw and damping kw. Both wheel parameters are of course
dominated by the tire parameters. The rim does not contribute to the overall wheel’s
stiffness and damping in the investigated frequency band from 0-30 Hz. The vertical body
spring stiffness cg is modeled by a linear spring. The model does neither represent the
braking process of the car nor its rolling behavior. Nevertheless this model can be used to
investigate the vertical dynamics of the car, as will be seen in section 4.6.3.

zBl

Proportionate
body mass,
sprung mass

Body damper/
Body spring

Wheel mass,
unsprung mass

Tire damper/
Tire spring

Pavement

Figure 4.2: Mathematical model, used for simulation of the vertical dynamics of the testing
vehicle.

The model is governed in analytical form by the following system of equations.
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4.3 Quarter-Car Model and Simulation

mo 9 7[5 4 [lnh) | otind) | [0

0 mw| [2w —kg(vp, In) ke(vp, In) + kw| | 2w
+ CB —CRB ZB . 0
—Cp CB+ Cw W N kw 2.1[] + cw 29

The gravitational acceleration is not included, for the origin of the coordinates is set to
the static equilibrium. The static wheel load in this model therefore has the value zero.
The dynamic wheel load is determined by the sum of tire damper and tire spring force.

(4.8)

Fragn(t) = kw [20(t) = 2w (t)] + ew [20(2) = 2w (8)] = = (Fiw () + Foy (1)) (4.9)

The principle of linear momentum for the body and the wheel writes down as:

mpzZg = — (FkB + FCB) , (410)

where the body damper force Fy, plus the body spring force F,.,—provided that they are
positive—cause a downward acceleration of the body. The principle of linear momentum
for the wheel writes:

mw Ew = Fry + Fopy — (Fryy + Py ) 5 (4.11)

where the body damper force Fy, plus the body spring force F,.,—provided that they are
positive—cause an upward acceleration of the wheel and the wheel damper force Fy,, plus
the wheel spring force F,, cause a downward acceleration of the wheel. Both the wheel
damper force Fy,, and the wheel spring force Fi, sum up to the negative of the dynamic
wheel load (refer to equation 4.9). Thus, the dynamic wheel load can also be written as:

Fz,dyn = mw Zw — (FkB + FCB) (412)

Together with equation 4.10 this leads to:

Fz,dyn = My ZW + mp éB (413)

This means that the dynamic wheel load of a quarter-car model can be calculated by
summing up the vertical wheel acceleration and the vertical body acceleration, weighted
with the wheel and the body mass respectively. This is the so called Aachen procedure to
calculate the dynamic wheel load (refer to section 3.2.4).

Furthermore, it should be mentioned that the system of equations is nonlinear, since the
damping factor kg of the active shock absorber is a function of the damper velocity and
of the damper current: kg = kg(vp, Ip), where the damper velocity vp is defined as the
difference between vertical body velocity Zg and vertical wheel velocity Zyw.

The damping factor kg depends on the damper current Ip, because this is how the desired
damper characteristic is adjusted. For a given damper velocity an indefinite number of
different kg can be set by choosing Iy € [Ip min, In.max)- Neither the setpoint for the damper
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4 Vertical Dynamics

current nor the setpoint for the damping factor are met immediately after switching the
damper from one state to another. These time delays are implemented in the model by
means of first order low-pass filters, where the damper force is filtered.

The damping factor vs. the damper velocity is shown in Figure 4.3 and in Figure 4.4.
These data are related to the front and the rear left damper of the testing vehicle and have
been obtained on a test rig at and by ZF Sachs AG. The actual damping ratio depends not
only on the damper velocity but also on the parameter damper current Ip. In the figure
only the two extrema of this dependency are shown. The real damper can adopt any value
of damper current between 0 and 1.6 A.

_\ = soft

10000
\ = hard

8000 \

Front left \ID =0A

12000
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//\ \‘
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s
20007 L—
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0 1
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Up g 10 m/s

Figure 4.3: Damping factors used in the quarter-car model, gained from experiments with the
front left damper of the testing vehicle, source: ZF Sachs AG.

The parameters of the quarter-car model are shown in Table 4.2. As for the tire damping
kw it must be mentioned that this value is a rough approximation of the values measured,
which lay between 200 and 1,000 Ns/m, depending on and decreasing with the excitation
frequency. But the actual value of the tire damping factor is not that important, because
it is very small compared to the body damping factor. It is only important that there is a
tire damping at all, because it is responsible for a phase shift in the wheel load which is
measured by summing up vertical tire spring and damper force.
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Figure 4.4: Damping factors used in the quarter-car model, gained from experiments with the
rear left damper of the testing vehicle, source: ZF Sachs AG.

Table 4.2: Parameters of the quarter-car model

Parameter Value Source
front left | rear left

mg 380 kg 290 kg own measuring: calculated
from static wheel load

My 31kg 22kg Own measuring: weight
measuring with damper and
coil spring dismantled

B 29 N/mm 28.6 N/mm own measuring: hydraulic
press and lifting platform

cw 228 N/mm 228 N/mm own measuring: hydraulic
shaker

kg as shown in Figures 4.3 and 4.4 ZF Sachs AG

kgjin(Ip = 1.6 A) | 1500 Ns/m 1200 Ns/m calculated from

kg jin(Ip = 0 A) 6000 Ns/m 4000 Ns/m characteristic diagram

kw 400 Ns/m 400 Ns/m own measuring: hydraulic
shaker

First undamped | 1.3Hz 1.5Hz calculated from the given

eigenfrequency fo; parameters

Second undamped | 14.4 Hz 17.2Hz calculated from the given

eigenfrequency feo parameters
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Linearized Quarter-Car Model

For the following investigations the quarter-car model is linearized in the sense that the
damping coefficients for hard and soft damping are set to the values given in Table 4.2.
This is done because otherwise it is impossible to solve the governing equations of motion
analytically. These equations of motion write as:

.. . 0
MZ]in+KZ11n+CZ11n—f— |: ka.I[]—f—CWzO :| (415)

The eigenfrequencies for the undamped linearized system can be found in Table 4.2.
Now if z(t) is assumed to be of the form:

Zo(t) == 2?[] €th, (416)

the particular solution for the system of forced differential equations can be found with
the following approach:

Zliin — Z €th (417)
applied to equation 4.15 yields to:
~ Mz QK2 4 Czel™ = { 0 kwo+ - } %0 €I (4.18)
. N 0 .
[C—Q2M+JQK]Z = {ijW+CW:|ZO (4.19)

The complex vector of amplitudes is thus given by:

2(Q) = [C—QQMHQK}I{ 0 }20 (4.20)

JQ kw + Ccw
2Q) [ (@) 11 s o[ 0
= | — = IC-O0"M+iOQOK ) 4.21
20 [ 2w(Q) | 2 [ ) ] iQkw + cw ( )

According to equation 4.13 the amplitude of the dynamic wheel load can be calculated
as:

Frapn(©) = mp 25(Q) + mw Zw(9), (4.22)

where () = —Q?(Q). Both Z and F), 4y, are complex quantities. The part of dynamic
wheel load which causes a movement of the car’s body and the one which causes the car’s
wheel to oscillate can be separately written as:

Fz,dyn,B(Q) = mpg 2}3 (Q) (423)
Fz,dyn,W(Q) = mw éw(Q) (424)

This means that part of the dynamic wheel load is responsible and therefore measurable
in terms of vertical body acceleration, another part is measurable in terms of vertical wheel
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acceleration. The question is, to which amount do those two parts combine to the total
dynamic wheel load? This question needs to be answered in order to be able to determine
in which frequency range the relevant oscillations will take place and in order to decide if
either the body or the wheel oscillations are more relevant in the given context.

In Figure 4.5 the dynamic wheel load response vs. the excitation frequency of a seismic
excitation is plotted. For frequencies well below 10 Hz, for both hard and soft damping
the main part of dynamic wheel load results in an oscillation of the vehicle’s body. This is
because at those low frequencies the wheel is almost not moving with respect to the seismic
excitation. It just moves up und down with the same phase as the seismic excitation and
transfers the dynamic wheel load to body spring and damper forces which then excite the
vehicle’s body. One can see that for hard damping the dynamic wheel load almost only
consists of the part that results in body oscillations over the whole frequency bandwidth.
It is only at 30 Hz that the two parts, body and wheel part, contribute with the same
amount to the dynamic wheel load’s effect.
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Figure 4.5: Amplitude of dynamic wheel load per amplitude of seismic excitation vs. frequency.
Data gained from the linearized quarter-car model for the front left wheel.

For soft damping the picture is slightly different. Here it is already below 10 Hz that
the wheel part exceeds the body part. This is because for soft damping the wheel and
the body are less dynamically connected than for hard damping. Thus, the wheel can
oscillate in its eigenfrequency at around 15 Hz without affecting the body. So due to the
seismic excitation and by this due to the dynamic wheel load oscillation the wheel can
oscillate without transferring vibrational energy to the body. This is why in case of soft
dampers and at higher frequencies the dynamic wheel load is almost only reflected in wheel
oscillations. If the damping coefficient is rather high, this means that the wheel oscillation
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is strongly connected to the body’s oscillation and via the wheel the dynamic wheel load
is directly translated into body oscillation.

Furthermore, one can see that the amplification of dynamic wheel load at higher frequen-
cies is approximately by factor five higher than at low frequencies. For soft damping the
local maximum between 1 and 2Hz has a value of 80 kN/m, whereas the local maximum
between 10 and 20 Hz has a value of almost 400kN/m. For hard damping there are no
distinguished maxima, but still the dimension of ratio for amplifications at high and low
frequencies is roughly the same as for soft damping. This gives a picture of what to expect
in terms of frequency spectrum when exciting one of the wheels with the same amplitude
of seismic excitation at every frequency—i.e. with a white noise on displacement level.

The response of the integral of dynamic wheel load FI—a quantity which will be intro-
duced and used in more detail in section 4.6.1—to a seismic excitation is also determined
by means of the linearized quarter-car model. The complex amplitude of the integral of
dynamic wheel load can be determined by simply dividing the complex amplitude of the
dynamic wheel load by the excitation frequency jS2.

. L 4on (9
FI(Q):L}%( )

In Figure 4.6 the response of the integral of dynamic wheel load to a seismic excitation
is plotted vs. the excitation frequency. The integral of dynamic wheel load is investigated
because it establishes the connection between vertical and longitudinal dynamics. The
detailed explanation of why this is the case can be found in section 5.3.
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Figure 4.6: Amplitude of the integral of dynamic wheel load per amplitude of seismic excitation
vs. frequency. Data gained from the linearized quarter-car model for the front left wheel.
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Now for this integral, the distribution over frequencies differs from the one for pure dy-
namic wheel load. Since the integral has a lowpass-filtering behavior, the lower frequencies
are weighted stronger now. For hard damping the maximum of the integral of wheel load
appears at 3 Hz, whereas for soft damping it lies between 1-2 Hz. For both hard and soft
damping the amplitudes of the integral of dynamic wheel load are by a factor 2-3 smaller
for high frequencies above 10 Hz than for low frequencies below 10 Hz. This means that
with respect to the integral of dynamic wheel load the oscillations of the body are more
relevant than the oscillations of the wheel. This has two reasons: First, because the part
of dynamic wheel load which causes body oscillations is greater for lower frequencies and
second, because the magnification of the integral of dynamic wheel load is smaller for high
frequencies than for low frequencies. Both reasons cause that the control algorithm for
longitudinal purposes is most needed at lower frequencies.

In Figure 4.7 the amplitude of the integral of dynamic wheel load per amplitude of
seismic excitation, divided by the excitation frequency is shown.
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Figure 4.7: Amplitude of dynamic wheel load per amplitude of seismic excitation divided by
Q vs. frequency. Data gained from the linearized quarter-car model for the front left wheel.

Why is this division by the frequency done? Looking back at section 3.4.2, it becomes
clear why. On a road with a standard roughness the amplitude of vertical excitation
decreases with the wave number (for a constant velocity this is comparable to a frequency
in the time domain) to the power of minus one. Translated into a time-based frequency
this means that driving at a constant speed the amplitude of the vertical excitation also
decreases with the frequency to the power of minus one. Thus, driving on an ordinary road,
the excitation by the pavement causes the integral of dynamic wheel load to behave in the
way shown in Figure 4.7 with respect to frequency. The necessity to control the dynamic
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wheel load and its integral therefore lies at lower rather than at higher frequencies. In case
of braking, the quarter-car is not only excited by the seismic excitation but also by the
additional (subtracted) wheel load at the front (rear) wheel due to weight transfer (refer to
section 2.2). This kind of excitation holds very low frequencies, assuming that the braking
force and with it the weight transfer is applied constantly and immediately. It therefore can
be neglected in the thoughts just made, because it does not hold a noteworthy proportion
of high frequencies and therefore does not change the quality of conclusions just drawn.

Looking at the response of the integral of dynamic wheel load to a seismic excitation
gives an idea of the frequency bandwidth within which the wheel-load controller needs to
work. But this is only one part of the whole inspection, it is the demand part. The second
question which needs to be answered is the supply question. In which frequency band is
it possible to actually influence the wheel load? To answer this question, in Figure 4.8 the
amplitude of damper velocity op = Zn — Zw per amplitude of seismic excitation is plotted
vs. frequency. It can be seen that the amplitude of damper velocity oscillations increases
with increasing frequency. For the same amplitude of seismic excitation the amplitude
of damper velocity is higher at higher frequencies than at lower frequencies. Since the
damper velocity delivers a direct connection to the possible strength of the effect a wheel-
load controller can have (refer to section 4.6.2), this implies that the possible effect of the
controller is highest at high frequencies. This is correct for a white noise excitation on the
displacement level. But again, in reality the seismic excitation is comparable to a white
noise on velocity level rather than on displacement level.
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Figure 4.8: Amplitude of damper velocity per amplitude of seismic excitation vs. frequency.
Data gained from the linearized quarter-car model for the front left wheel.

That is why, similar to the thoughts formed for the integral of dynamic wheel load,
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4.3 Quarter-Car Model and Simulation

in Figure 4.9 the amplitude of the damper velocity per seismic excitation is plotted vs.
frequency and divided by the frequency. It can be seen that now the amplitude of damper
velocity decreases with the excitation frequency from 1-3 Hz on. The maximum of damper
velocity is reached for both hard and soft damping at approximately 1-4 Hz.

1
10 ‘

= hard

— 50ft

I T I

Q) in ./,

/05,
/
\

)\

(D 10 T ., S — \\
= -
7 -
/7 TSN N\
NG AN
/ N N
/ N
7 N
10'F Y
D)
10

0

1
10 10 f=Q/(2n) in Hz

Figure 4.9: Amplitude of damper velocity per amplitude of seismic excitation divided by € vs.
frequency. Data gained from the linearized quarter-car model for the front left wheel.

Comparing Figure 4.7 with Figure 4.9 it can be seen that the demand on the wheel-load
controller in terms of operation frequency band is quite similar to the supply a wheel-load
controller can deliver. The correlation between integral of dynamic wheel load and the
damper velocity is high. In Figure 4.10 the integral of dynamic wheel load is plotted vs.
the damper velocity for a road-like excitation. Only frequencies between 1 and 30 Hz are
looked at. It can be seen that, simplifying speaking, the greater the damper velocity,
the greater the integral of dynamic wheel load. This shows once again that for the given
purpose—braking on a road with a normal roughness—the supply and the demand side
of the problem overlap very well. If the oscillation of the integral of dynamic wheel load
took place at frequencies above, let’s say, 20 Hz and at those frequencies there was not
any oscillation of the shock absorber, it would not be possible to purposefully influence
the course of the integral of dynamic wheel load by means of active shock absorbers. The
supply and the demand side of the problem would not match. But, since the wheel load
integral and the damper velocity are influenced on the same level of physical quantities (the
wheel load integral is on velocity level—due to the integration of the acceleration signals,
and the damper velocity obviously is on velocity level as well) and their distribution in the
frequency domain is similar, the supply and the demand side of the problem fit.

Comparing the results from the quarter-car simulation model in Figure 4.9 with the ones
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Figure 4.10: Amplitude of integral of dynamic wheel load per amplitude of seismic excitation
divided by € vs. amplitude of damper velocity per amplitude of seismic excitation divided by
(2. Data gained from the linearized quarter-car model for the front left wheel.

from a real braking procedure in Figure 5.9 on page 132 it can be seen that the qualitative
course of the frequency spectrum is comparable for the simulation and the real world.
Those two figures are comparable because the simulation is made for an excitation that
decreases with f~! and the real-world test drives are executed on the ‘Standard Road’,
whose elevation profile decreases with f~!, too. In both cases the maximum amplitude of
damper velocity occurs between frequencies of 1-2 Hz for soft damping. For hard damping
the maximum amplitude lies at a slightly higher frequency for the simulation (3-4 Hz),
whereas in the real world the maximum for hard damping lies at 2 Hz. For both hard and
soft damping the amplitudes of damper velocity decrease from their low-frequency maxima
on. The higher amplitudes at very low frequencies below 1Hz in the real-world plot can
be explained by the fact that there the system is not only excited by the seismic excitation
alone, but also by the additional wheel load caused by the weight transfer during braking.

4.4 Wheel Load-Controller—MiniMax-Controller

In section 4.2 the Wheel Load Influence Matrix was introduced (refer to Table 4.1 on
page 64). This matrix shows that it is possible to purposefully influence the course of
wheel load. This knowledge about the effect of switching the shock absorber can be
implemented into a switching logic. This logic chooses between the two characteristic lines
‘soft’ and ‘hard’, depending on the inputs ‘damper velocity’ and ‘request of wheel load’,
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4.4 Wheel Load-Controller—MiniMax-Controller

and is therefore called MiniMax-Controller. It is only the two extrema that are selectable
states for the MiniMax-Controller for the following reason:

It is assumed that most of the time the shock absorber cannot provide the damper
force which is requested. The requested damper force is either too large or it has a sign
that would make an active element necessary. Reichel®> used a controller to reduce the
oscillations of dynamic wheel load which made use of the whole spectrum of characteristic
lines of the active shock absorber. His results showed that even though there was the
possibility to set the damper current to an intermediate level, it was almost at all times
that the output of his controller was either ‘hard’ or ‘soft’. This in connection with the
fact that after setting the damper current two first order low-pass filter apply before the
actual damper force is set (with respect to the damper current and with respect to the
damper force) leads to the construction of the MiniMax-controller. Both low-pass filter
smooth the course of damper force and bring a time delay to the system. Thus, if the
request at a given time is to increase the wheel load, this request should be followed by
the controller as quickly and as strongly as possible to partly compensate the effect of the
filters. If the dimension of change in damper force was much greater than it actually is,
this MiniMax-strategy ought to be reconsidered. But for the given system it is suitable.

Another advantage is that the MiniMax-controller is independent of the actual char-
acteristic lines of the shock absorber. Furthermore, it is only the sign of the damper
velocity that is necessary as input. Those are two implementation reasons which make the
MiniMax-controller more feasible for close to reality applications.

The damper velocity vp, or better, the sign of the damper velocity sign(vp) provides with
information about the direction into which the shock absorber is moving—compression or
rebound. The request of wheel load F, .., has values of either one (increase wheel load)
or minus one (decrease wheel load). This request can come from any top-level controller
which might be in service. It can either be a global-chassis-management controller or, like
in this context, a more specific controller, namely the one whose final purpose is to reduce
the braking distance. This top-level controller which delivers the request of wheel load is
described in section 5.3. For now it is not of any interest where the request of wheel load
comes from. It is just either one or minus one.

In Figure 4.11 the principle function of the MiniMax-controller is shown. Depending on
the inputs vp and F, ¢y the damper current I, is switched to either 0 or 1.6 A (hard or soft
shock absorbers). This means if either the request of wheel load or the damper velocity
changes its sign, the active shock absorber will be switched from hard to soft or vice versa.
The change in the course of wheel load is not caused by the fact that either hard or soft
damping is present itself. It is caused by the fact that the shock absorber is switched.
Without switching, the course of wheel load might be good or bad in the sense of small
oscillations, but the transient change which is used as a tool by the MiniMax-controller
only occurs when switching the shock absorber.

Furthermore, since the damping factor changes its value from hard to soft or vice versa
every time vp passes zero, it is possible to establish artificial characteristic lines for the
active shock absorbers by means of the MiniMax-controller. As it is described in section 3.1,
shock absorbers in general have a stronger rebound than compression stage, the damper
forces in rebound are greater than in compression for the same absolute value of damper

2Reichel (2003): Untersuchungen zum Einfluss stufenlos verstellbarer Schwingungsdidmpfer auf das insta-
tiondre Bremsen von Personenwagen.

I5)



4 Vertical Dynamics

Sign(”D)

MiniMax-Controller

Shock abs.
stage

Compression| Rebound
Request

of wheel load

[ Decrease in Hard to soft | Soft to hard :>
F wheel load Iy

z,req

Increase in

Soft to hard | Hard to soft
wheel load

Figure 4.11: MiniMax-controller.

velocity. With the active shock absorber for both rebound and compression the damping
can be set to either soft or hard. If the request of wheel load stays constant at ‘increase
wheel load’ (‘decrease wheel load’) during time, this leads to a soft (hard) shock absorber
in rebound and to a hard (soft) shock absorber in compression. Thus, those artificial
characteristic lines lead to a smaller rebound/compression ratio® sgc (refer to equation 3.1
on page 37) of the shock absorber characteristic for ‘increase wheel load” and to a greater
spreading for ‘decrease wheel load’.

4.4.1 Artificial Characteristic Lines

By means of the MiniMax-controller the active shock absorber can be operated in char-
acteristic lines which it does not really posses by construction. Figure 4.12 shows those
artificial characteristic lines for the shock absorber of the testing vehicle at the front left
wheel. If the request of wheel load F, ., is kept constant at e.g. +1, the shock absorber
will be switched from hard to soft or vice versa every time the damper velocity passes the
value zero. Thus, for this example the artificial characteristic line in Figure 4.12 which
is marked with circles will establish. The rebound/compression ratio sgc is much smaller
than it is for the standard characteristic lines ‘hard’ or ‘soft’. In fact, for the given shock
absorber src|r,,.,=+1 ~ 1. If the request of wheel load is kept constant at —1, this ratio
for the then establishing characteristic line sgc _1 &~ 3...5, depending on the damper
velocity’s magnitude.

The wheel load which can be gained at the i-th wheel by switching the active shock
absorber from one setting to another (hard to soft or F, eq = —1 to F, eq = +1, this does
not matter in the short run, it is basically the same in the short run) equals the difference
of the damper force AFp; between hard and soft damping for a given damper velocity

Fz,req:

3Ratio between the average damping coefficient in rebound and the average damping coefficient in com-
pression.
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Figure 4.12: Characteristic lines of the active shock absorber mantled at the front left wheel

of the testing vehicle.

77



4 Vertical Dynamics

vp;- Thus, the greater the spreading sys between the hard and the soft characteristic line,
the greater the possible effect on wheel load. But it must be kept in mind that the wheel
load effect which goes into the desired direction is always followed by a wheel load effect in
the opposite direction. This is because wheel load can neither be increased nor decreased
in the long run. The mean value of dynamic wheel load is always zero in the long run.

4.4.2 Lowering and Lifting of the Vehicle’s Body

The difference between damping coefficient in rebound and compression leads to a self-
leveling effect. This means that the vehicle’s body is lowered if the average damper force
is smaller in compression than in rebound. In a quarter-car model the only forces which
act on the vehicle’s body are the body damper and the body spring force. Thus, during
one oscillation cycle in stationary condition these forces must sum up to zero. Figure 4.13
shows the principle of the effect which leads to a lowering and lifting of the vehicle’s body.

a) In the static case where no oscillations are present, the spring’s displacement
sg = zp — 2w is equal to Sggatic.

b) The active shock absorber is operated such that the artificial characteristic line is
maximum hard in rebound (I = 0 A for vp 2 0) and minimum soft in compression
(Ip = 1.6 A for vp < 0). This is equivalent to the case where the request of wheel
load F,,eq = —1. For a ratio sgc > 1 this leads to a lowered body and the mean
spring displacement with respect to time is equal to sg1 < Sggtatic.

c) The shock absorber is now operated such that the artificial characteristic line is min-
imum soft in rebound (Ip = 1.6 A for vp 2 0) and maximum hard in compression
(Ip = 0 A for vp < 0). This is equivalent to the case where the request of wheel load
F, 1eq = +1. Now due to the increased damper force in compression and the lowered
damper force in rebound the wheel load will increase and cause the body to acceler-
ate upwards as long as due to the increasing spring force the vehicle’s body will at a
point be accelerated downwards again. This is the point in time when the wheel load
is not increased anymore but the Delta Wheel Load is equal to zero. Afterwards the
wheel load is decreased as long as it takes for the body to reach its new stationary
position.

d) The active shock absorber is now still operated such that the request of wheel load
F,req = —1. The vehicle’s body is now in stationary position again. For a ratio
src < 1 this leads to a lifted body and the mean spring displacement with respect
to time is equal to sg2 > 59 gtatic-

The amount of lifting and lowering of the vehicle’s body can also be calculated in an
analytical way. The spring and the damper force are calculated by multiplying the body
spring stiffness respectively the body damping coefficient with the spring displacement
respectively the damper velocity (equations 4.26 and 4.27).

FcB (t) = CB [ZB(t) — Zw(t)] = CB Ss(t) (426)
Fiy (t) = ki [25(t) — 2w(®)] = kpés(t) = kpvp(t) (4.27)
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Figure 4.13: A quarter-car model describes the vertical movement of the vehicles body when a
seismic excitation causes it to oscillate. The amplitudes of the oscillations of body zg, wheel 2y
and seismic excitation z, are referred to as Zg, 2w and Z;. The upwards and downwards pointing
arrow right of the model demonstrates the oscillation of the respective degree of freedom.

If the quarter-car is in a stationary, periodic mode due to a seismic, periodic excitation,
the spring and the damper force must sum up to zero over one time period. This is because
those are the two forces which move the vehicle’s body either up or down. If the oscillation
is stationary, there is no long-term movement of the body. If it is additionally periodic,
the forces—which cause an acceleration of the body—must some up to zero over a time
period.

]{ Fou(#) + Fy (1) d = 0 (4.28)

For the following thoughts the damping coefficient kg is assumed to be constant in
rebound and compression but differs with the sign of damper velocity.

kB:{ kB,R for SS:’UDZO : (429)

kB,C for Ss=wvp <0

where kg stands for the damping coefficient in rebound and kg ¢ for the one in com-
pression. The ratio of damping coefficient in rebound and the one in compression is called
src (refer to section 3.1). For the testing vehicle, sgc can have values between approxi-
mately 1 and 3...5 for the front and the rear axle, depending on the damper velocity and
the damper setting—hard and soft, or F, ,.q = —1 and F, ;q = +1.

k
ﬂ = SRC (430)

kB,c

Now the oscillation of the spring displacement caused by a seismic excitation is as-
sumed to be not only periodic but harmonic plus a constant displacement sg pmean. This
displacement in stationary mode, which describes a lowering or lifting of the body, is to
be determined in the following steps.

$5(t) = S5,mean + Ss cos(wt) (4.31)
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4 Vertical Dynamics

This assumption also leads to a harmonic oscillation of the damper velocity vp(t) = $s(t):

$5(t) = —w §g sin(wt) (4.32)

Applying equations 4.26, 4.27, 4.31, and 4.32 to equation 4.28 and integrating over one
time period of the assumed periodic oscillation leads to:

P
/ s (58 mean -+ 55 CoS(wt)) — ki w s sin(wt) df = 0 (4.33)
0

2
2 w
CB SS,mean il /kB,cw Sg sin(wt) dt + / kprwsg sin(wt) dt| = 0 (4.34)
w
0 o
2m N ud R 2m
€8 S8 mean - + [kp.c $s cos(wt)]g + [kpr Ss cos(wt)]# = 0 (4.35)
2 R .
CB S$mean "~ = 2kp,c5s — 2kpR Ss (4.36)
WS
58 mean = —S(kB,C — kg r) (4.37)
T CR
Applying equation 4.30 and substituting wsg with op finally leads to:
Up
$8.mean = —kB,c (Src — 1) en (4.38)

From equation 4.37 derives that the self-leveling effect is proportional to the difference
of linearized damping coefficients for rebound and compression, kg r — kp,c, and to the
amplitude of the damper velocity op of a given harmonic oscillation. From equation 4.38
derives that the self-leveling effect is proportional to (sgc — 1), to the linearized damping
coefficient in compression kg ¢, and again to the amplitude of the damper velocity o of
a given harmonic oscillation. It is reciprocal to the body spring stiffness. It can also be
seen that for a spreading greater than one (damping coefficient in rebound is greater than
in compression) an oscillation leads to a negative value for Sgean, Wwhich means that the
body is lowered. If the spreading is equal to one (equal damping coefficient for rebound
and compression), no self-leveling effect will occur at all.

As can be seen in equation 4.13 on page 65, the dynamic wheel load can be measured
in terms of the sum of vertical body and vertical wheel acceleration. If the damper is
switched in such a way that the changing damping force leads to an upwards acceleration
of the vehicle’s body, this therefore means that the wheel load is increasing, otherwise the
body would not be accelerated upwards. Of course, at the same time the wheel will be
accelerated downwards, which would indicate a decreasing wheel load. But since the mass
of the wheel is by factor 8...13 smaller than the mass of the body (22...47 kg compared to
290...380 kg), this downwards pointing acceleration is 8...13 times greater than the upwards
acceleration of the body. This in combination with the fact that the maximum deflection
of the tire spring is by factor 10 smaller than the one of the body spring (can be measured
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4.5 Test Drives on a Typical German Autobahn

in terms of stiffness: 288 kN/m compared to 28.6...29 kN /m) leads to the conclusion that
the downwards acceleration of the wheel will last 80...130 times shorter than the upwards
acceleration of the body does. Thus, the part of the effect which leads to an acceleration of
the wheel will disappear very quickly, whereas the acceleration of the body will last longer
and contribute to the main part of the effect.

Delta Spring Displacement Asg

As has been shown in the previous sections, switching from one artificial characteristic line
to another not only increases or decreases the wheel load, but it also leads to a lowering
or lifting of the vehicle’s body. The amount of this change in spring displacement can be
calculated analytically if the course of damper velocity is harmonic and if it is assumed
that the damping coefficients for rebound and compression are constant. To measure
the self-leveling effect in reality, where those assumptions do not hold true, a measurand
is introduced. The spring displacement at the i-th wheel sg; is defined as the difference
between body and wheel displacement zg ; — 2w ;, whereas Delta Spring Displacement is the
difference between the mean values (with respect to time) of the sg; of the two stationary
states for different damping characteristics kp 1 (vp) and kp 2(vp). Since for a given seismic
excitation not equal to zero the spring displacement varies with the characteristic of the
active shock absorber, there is always a lifting respectively lowering of the vehicle’s body
if the active shock absorber is switched from one artificial characteristic line to another.
This lifting or lowering is measured with the Delta Spring Displacement quantity.

to ts

1 1
; dt — ; dt 4.39
t2—ts/ss’ ts—tl/ss’ (4.39)

ts t1

ASS,i,l—)Q =

for t; < ts and ty > tg, F,eq = reqq for t € [t1;ts] and F,,.q = req, for ¢ € [tg;ts].
The shock absorber is switched from characteristic line 1 to characteristic line 2 and the
quantity measures the difference in spring displacement for the long-run average before
and after switching the shock absorber.

4.5 Test Drives on a Typical German Autobahn

In test drives two details of the vertical dynamics are investigated which cannot be inves-
tigated in test rig trials. Firstly, the effect of switching the shock absorber on the course of
wheel load is identified in real test drives. The difference to test rig trials is the spinning
wheel, the type of oscillation of wheel load, and the incoherent excitation at left and right
wheel. For reproducibility reasons those test drives are executed on the ‘Defined Obstacles’
test track (refer to section 3.4.1). Since it is not only the vertical but also the longitudinal
dynamics which are investigated in this kind of test drives, those test drives are covered
in section 5.2.2.

Secondly, the amount of lowering and lifting of the vehicle’s body is determined in test
drives on German highways. The question which needs to be answered is if the amount
of lowering and lifting is similar to the one that can be found on the test track ‘Standard
Road’, which is used for executing the full-braking test drives. Besides that those highway
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4 Vertical Dynamics

test drives should deliver the time constant of the vertical movement of the vehicle’s body.
How long does it take for the body to be lowered or lifted?

To determine how big the self-leveling effect is on an ordinary road, test drives on
400 km of southwestern German Autobahn are executed. Besides the purpose to determine
the strength of the self-leveling effect there is yet another objective which ought to be
achieved by those Autobahn test drives: All braking procedures executed in chapter 5
are executed on the test track ‘Standard Road’, which is the pavement of an old airfield
that belongs to Technische Universitdt Darmstadt (refer to section 3.4.2). To determine
if this pavement is representative for a typical German Autobahn the Asg measured at
the airfield is compared to the one measured on the Autobahn track. This comparison
already was made in section 3.4.2. Here the method to actually determine the Delta
Spring Displacement is explained.

The test drives to determine the Delta Spring Displacement which occurs when driving
on an ordinary road were executed on the route shown in Figure 4.14.

ABIESD) . ASUEN
04 einland-Plalzy wamts
auterr &

Figure 4.14: Routing of the track that is measured with respect to its unevenness by making
use of the self-leveling effect*. The numbers give the number of the road section that starts at
the given position. The overall length of the testing track is approximately 400 km.

The vehicle’s velocity is kept constant at 85 km /h during the test drives. On all highways
it is the very right lane which is driven on. There it is possible to drive in between the
trucks, which are lining up on the right lane in Germany, and therefore adopt to their

4N.N. (2006b): Website — map 24
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4.5 Test Drives on a Typical German Autobahn

constant velocity. Parts of the test drive in which the velocity could not be kept constant
due to traffic or other reasons are not analyzed. The testing procedure is as follows: The
strategy to decrease (increase) the wheel load is pursued in each case for fifteen seconds.
This leads to a lowering (lifting) of the vehicle’s body. After switching the strategy to
‘increase’ (‘decrease’), the vehicle’s body is lifted (lowered). The mean value of the spring
displacement of the front right wheel for the time after switching the strategy minus the
mean value of spring displacement before switching the strategy gives the Delta Spring
Displacement of the actual switching process. The principle of this procedure is explained
in Figure 4.15.

- Long-run mean value of
spring displacement
/
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Figure 4.15: Method that is used to determine the Delta Spring Displacement due to switching
the control of the active shock absorbers from F), ;. = —1 to F, ;.q = +1 on an ordinary road.

Since the body needs time to establish its new position after switching the strategy, in
each case the first five seconds after tg are not counted to determine the mean value of
spring displacement. The Delta Spring Displacement Asg provides information about the
power which is put into the oscillation system ‘vehicle’ by passing the pavement. It is
the bigger the faster the vehicle drives. In the given context, Asg furthermore provides
information about how strong the switching effect of the shock absorbers will be and for
how long it will last.

It is not only the Delta Spring Displacement Asg which is determined in the Autobahn
test drives, but also the time the vehicle’s body needs to establish its new stationary
elevation after a switching of the strategy (‘increase wheel load’ to ‘decrease wheel load’ or
vice versa). This time tgg9 is defined as the time at which 90 % of the total Delta Spring
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Displacement is reached after a strategy change. Since the pure spring displacement signal
is noisy, it is not the spring displacement itself which is observed to find tgq¢, but the
floating mean value of the spring displacement. For the calculation of the floating mean
value of sg at a given time, b = 2.5 s of the signal are averaged (1.25s backwards and 1.25s
forwards). Those 2.5s were determined as the best suitable value by analyzing how many
seconds during a stationary period need to be averaged such that this mean value is equal
to the long run mean value for every window b. Figure 4.16 shows the described quantities
exemplarily for two strategy switchings at the front right wheel on part of the Autobahn.

£
g 1 90
i=
)
= | 875 i |
85 1| l l I | ‘ ﬂ
‘ AN
w8 ) A ,\
T 1 B T
82.5 |‘|N ’r| | 'l\ ' U \
80 i)
—— Spring displacement 8¢ b
7.5 — Floating mean value of s,
— Long-run mean value of 8¢ b
75 | | |
105 110 115 120 125 130
tin s
Figure 4.16: Result from a switching the control of the active shock absorbers from F, .., = —1

to [, eq = +1 and vice versa on an ordinary road.

For the front right wheel the time tgg% has mean values for 200 switchings each of:
Fz,req = _1 to Fz’req = +1 tg[]% - 118
Fz,req = +1 to Fz,req =—1: too o = 0.85s

Those values give a rough impression of how long it takes for the vehicle’s body to
establish the new stationary condition after switching the strategy. They strongly depend
on the value for b and can therefore not deliver information of how long the vehicle’s body
is accelerated upwards or downwards after switching the strategy. But still, the values
determined for tggy help to determine the time it takes for a strategy change to have its
full effect on the lifting or lowering of the body.

In Figure 4.17 the results of determining the front right Delta Spring Displacement Asg g
for the chosen highways are shown. The averaged values of Asgy for every road section
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are plotted versus the number of the respective road section (for the numbering refer to
Figure 4.14). For each road section there are approximately 10-12 switching processes,
5-6 in each direction (‘increase’ to ‘decrease’ and vice versa). It can be seen that the Delta
Spring Displacement varies in a range from 2-4 mm in both directions—either switching
from ‘increase’ to ‘decrease’ or vice versa. Figure 4.17 shows that there are some sections
which are worse than other sections in the sense that the pavement is rougher. Numbers
6, 7, 20, 22, and 28, 29 have a higher mean value of Delta Spring Displacement than the
other sections. Those are road sections which follow close behind the city of Stuttgart
on the Autobahn no.8 and sections close behind the Kreuz Walldorf on Autobahn no. 5.
Those parts of the highway system are known to be in a poor condition. Several bumps
and short waves follow each other there. Beside those sections the results of the other parts
of all Autobahn sections overdriven lie in a band of Asg g ~ 2-3mm. Since the result for
the Delta Spring Displacement of the chosen test track ‘Standard Road’ also lies within
this band, this test track is assumed to be representative for those southwestern German
highways (refer to section 3.4.2).

g —

i ol | — Ais,fr +/- o for switching from szreq =-1to Fmeq =+1

= — As. . +/- ofor switching from = =+1to FF =-1
H S.fr z,req z,req

7

<

| I
6 / \ / \ Front right
. /

=
S
>

| A AN
ISR AN

— A\ AL KA A —
-2 \\/J\\//\ /\/

AN \Y
. NVA RN,
A
10 15 20 25 30 35
number of road section

@)
ot

Figure 4.17: Mean values of the Delta Vertical Displacement Asgy, of the front right wheel
which occurs when switching from one request of wheel load (e.g. ‘decrease wheel load’) to
another (e.g. ‘increase wheel load’).
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4.6 Test Rig Experiments

Test rig trials are executed to validate the Wheel Load Influence Matrix (refer to Table 4.1
on page 64) and the assumptions of the quarter-car model described in section 4.3. The
hypothesis is formed that the wheel load can be influenced purposefully in a desired di-
rection. But it is not only this question of the direction of the effect which needs to be
answered. In fact, the time behavior and the absolute values by which the wheel load can
be influenced must be determined in order to be able to decide if the active shock absorber
and its switching can affect the vertical dynamics heavily enough to finally increase the
braking performance. In section 4.3 it could be shown that the damping velocity is highest
at low frequencies when driving on a road with a typical unevenness. The next question
which needs to be answered is: How is the damper velocity connected to the effect which
the active shock absorber can have on the course of wheel load?

4.6.1 Method

To answer these questions a testing procedure was developed which allows to measure the
influence of switching the shock absorber from one constant characteristic line to another,
e.g. from hard to soft damping or vice versa. During this procedure the testing vehicle
is put on a 4-post test rig (for a detailed description of this test rig refer to section 3.3)
and stimulated by seismic excitations on either all wheels, only one wheel, one axle, or one
side. No matter where the seismic excitation is applied, it always is applied as a sinusoidal
oscillation at one constant frequency during one trial. The frequencies applied range from
0.5Hz up to 30Hz, in order to cover the whole spectrum of relevant vertical oscillations
of the vehicle. The amplitude sp with which the testing vehicle is excited depends on
the given frequency. It is the reciprocal of the excitation frequency f, times a constant
§p71 Hz — 50 mm.

. I
Sp(fe) = — Sp71 Hz (440)

e

or on velocity level:

$p = 2r50mm/s ~ 0.314m/s = const. (4.41)

The periodic seismic excitation eventually leads to a periodic response of the whole
system. This means that once the whole system oscillates in a stationary condition, the
course of every single quantity is periodic. Thus, it is possible to measure the effect of
switching the active shock absorber at a wheel. Changing any parameter of the oscillating
system leads to a transient reaction of the system and finally to a new stationary situation.
Now that it is known what would have happened if the shock absorber had not been
switched (because the courses of all measurands are periodic), the difference between the
actual course of any measurand after switching the shock absorber and the proposed course
which would have established if the shock absorber had not been switched gives information
about how the switching process affects the system. For all tests whose results are shown
here the standard inflation pressure of pr = 2.3 bar is used.

Before the detailed description of the developed testing method starts, some definitions
shall be introduced. The quantities which are essential for the measuring process are the
following ones.
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Switching Time ¢

The switching time g is the time at which the damper is switched from one constant
damper setting to another. For all following definitions the time scale is set such that
ts = 0s. L.e. the time starts to count at the time of switching the shock absorber.

Delta Wheel Load AF,

The difference of the dynamic wheel load after switching the shock absorber and the
dynamic wheel load which would have established if the shock absorber had not been
switched is called Delta Wheel Load AF,.

AF,(t) = Fllyyn = Fyiton (4.42)

For a time period t € [ts; ts + tsearcn | it is defined as:

Foam(t) = Foagm(t—T) for te [tgts+1T)

AF() = F,am(t) — F,agn(t —2T) for t € [ts;ts +27) (4.43)

FZ,dyﬂ (t) - Fz,dyn (t - TLT) for t€ [ts; ts + tsearch)

where T is the time period T' = i of the respective seismic oscillation. The time period
for which an effect is searched after switching the shock absorber is tgearen = 200 ms. It is
chosen such that every effect lies within this time period. The Delta Wheel Load always
refers to the course of wheel load one period before the switching takes place, no matter
how many periods after the switching are searched for an effect. That means it always
refers to what would have happened if the shock absorber had not been switched.

Delta Wheel Load Integral AFT

The integral of the difference of the wheel load values with switching and without switching,
AFI, is defined for the same time period ¢ € [f; ts + tsearch | aS:

AFI(t) = / AF,(7) dr (4.44)

Effect Time ¢,

The Effect Time ¢, is defined as the time at which the absolute value of Delta Wheel
Load Integral crosses a given boundary FI*'"d for the first time after switching the shock
absorber.

te =min (¢ € [tsts + tseman ] | |AFI(2)] > FIP"™) (4.45)
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Total Effect Time ¢,

The Total Effect Time %1 is the time at which the effect caused by switching the shock
absorber vanishes, meaning that AF, crosses zero for the first time after ..

te,tot — min ( t € [te; ts + tsearch] ‘ ‘AFZ (t)| — 0) (446)

Effect Magnitude A,

The Effect Magnitude A, is defined as the Delta Wheel Load Integral AFT, counted from
ts to ts + At.. In this thesis and for the given testing vehicle At, = 50 ms. The value of
this time period mainly depends on the dynamics of the active shock absorber and on the
vertical dynamics of the vehicle. It is chosen in such a way that for the given experimental
setup the mean value of the Total Effect Time 0 is greater or equal to At. for every
excitation frequency.

A = AFI(t; + At,) (4.47)

Total Effect Magnitude A ;;

The Total Effect Magnitude A, 14 is defined as the Delta Wheel Load Integral AFT counted
from 5 to tetor. Aftert > te 1o the Delta Wheel Load AF, changes its sign and therefore the
Delta Wheel Load Integral’s absolute value decreases. Thus, by the Total Effect Magnitude
the maximum positive effect of a switching of the active shock absorber from hard to soft
or vice versa is measured. The Total Effect Magnitude is not the maximum effect that
can be achieved by switching the shock absorber from ‘decrease’ to ‘increase’ or vice versa.
But it still gives an impression of how much effect can be gained by only switching the
shock absorber from one constant characteristic line to another.

Ae,tot = AFI(te,tOt) (448)

In Figure 4.18 the method which is used on the test rig is described. It shows the course of
dynamic wheel load vs. time for one wheel which stands exemplary for all wheels. At time
ts the active shock absorber at the respective wheel is switched from one constant setting to
another. Selectable settings are soft (Ip = Ip max = 1.6 A), middle (Ip = Ip midale = 0.8 A)
and hard (ID == ID,rnin == OA)

Long before the switching of the shock absorber (approximately five time periods) the
whole system has reached its stationary mode. Once the shock absorber is switched, the
course of dynamic wheel load changes with respect to the course one time period before.
The integral of the difference between the dashed line and the solid line between ¢, — T
and ts measures this change. There is a dead time between switching the shock absorber
and its first measurable effect on dynamic wheel load in which the course of dynamic wheel
load remains similar to the one a period before. Until ¢, it is not possible to notice that
the shock absorber has been switched at all, only by looking at the wheel load.

To investigate the switching process means to investigate the transient behavior of the
system, shifting from one stationary state to another. The switching of the shock absorber
changes the governing equations of the system. It can be interpreted in such a way that
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A Fz,dyn
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Switching of the
shock absorber

T=1/f,

Stationary oscillation

Y
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Figure 4.18: Principle of the test rig experiment that has been developed to measure the effect
of a switching of the active shock absorber on the dynamic wheel load in both the time and
the magnitude frame. The integral of the difference of dynamic wheel load after the switching
and a time period before gives information about the strength of the switching effect and the
time that it needs for the effect to take place.
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two systems (hard and soft) are started at the same initial conditions. It is then the two
different courses of wheel load which are compared.

Besides determining the effect of switching the shock absorber, the test rig trials are
also valid to verify the use of the quarter-car model. Figure 4.19 shows the strategy to
verify the usage of a quarter-car model in order to model the transient behavior after a
switching process. The vehicle is put on the test rig and excited in the previously described
manner. It is not only an excitation at every four wheels (a) which is applied, but also an
excitation at only the front axle (b), only the front left wheel (c), and only one track (d).
The assumption is that the kind of excitation (a—d) does not influence the switching effect
dramatically in both magnitude and time frame.

[ [ ] Bl [ ] Non-excited wheel
> —> B Excited wheel
) b) |:> e A = o
] m [ ] a |
] ] ] ]

Figure 4.19: Validation strategy to prove the correctness of use of a quarter-car model.

To assure that this assumption holds true, the null hypothesis Hy and its alternative
hypothesis H; are formed:

Hgy: The results of the switching procedure with respect to Effect Time and Effect Magni-
tude for a wheel vary with the type of seismic excitation—whether it is only applied
at this wheel or at other wheels at the same time as well.

H;: The results of the switching procedure with respect to Effect Time and Effect Mag-
nitude for a wheel are the same, no matter if the seismic excitation is applied only
at the switched wheel or at other wheels at the same time as well.

It must be tested if by applying a ‘worst case’ scenario (excitation b-d), which is valid
for falsifying the hypothesis Hg, it can actually be falsified. If this is the case, the opposite
of the hypothesis (the results are independent of the existence of seismic excitation at other
than the inspected wheel) is assumed to be true. If this again is the case, if the measured
results of a switching process depend only on the measurands of this wheel, a quarter-car
model is suitable to model the switching process.

Even if it can be shown that the effect of switching the shock absorber at a wheel is
independent of the places of excitation, it does not necessarily mean that switching the
shock absorber at a wheel does not influence the course of wheel load at other wheels.
But this is another aspect, and even if there is this effect on other wheels, modeling the
switching at a wheel by a quarter-car model is still valid. The effect that switching the shock
absorber on one wheel has on another wheel cannot be implemented in a controller, because
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the effect on other wheels depends on the actual damper velocity of those. Depending on
the damper velocity at the non-switched shock absorber, it can either be a positive or a
negative effect which is caused by the switched shock absorber at the non-switched wheel.
But since the effect of switching is greater at the switched wheel than at the non-switched
wheel, it is always better to switch the shock absorber if this is the output of the wheel-load
controller at the wheel which ought to be switched than to retain the switching due to the
damper velocity situation of the non-switched wheel.

Summarizing, if the effect at a wheel mainly depends only on the oscillations at this
wheel, this means that for the wheel-load controller it is admissible to use an individual
controller for every wheel.

4.6.2 Results

The experiments previously described are undertaken for excitation frequencies between
0.5 and 30Hz. The location of excitation varies from excitation at all four wheels to
excitation at only one wheel over only one track, and one axle. At those wheels where no
excitation takes place the shock absorbers are set to their hardest damping.

In Figure 4.20 the measured effect is exemplarily shown for an all-wheel excitation at
a frequency of f, = 2Hz for the front left wheel. The dynamic wheel load with and
without switching, the damper velocity, and the damper current are shown. At time f,
the shock absorber is switched from hard to soft. The damper velocity vp(ts) at time of
switching is negative, which means that the shock absorber is in compression. Therefore
what is expected (referred to the wheel load influence matrix in Table 4.1 on page 64) is
the lowering of wheel load. And this is in fact what happens: At t, ~ 20 ms after switching

the shock absorber the course of wheel load F} (?) is significantly below the course of

wheel load F;f’d/yon(t). The wheel load with switching is at the maximum approximately
800 N lower than for the course without switching the shock absorber.

Furthermore, Figure 4.20 shows that the effect is reversed after the Total Effect Time
letotr is reached. It is starting from there that the until then negative wheel load integral
becomes more positive, because the Delta Wheel Load is also positive from tc ;o on. It
is approximately at the time when the damper velocity changes its sign that the effect
becomes negative. This makes sense in the way that it is due to the damper velocity that
a damper force is present at all. The change of this damper force is the change in wheel
load which can be measured and used for controller purposes.

If now the damper velocity changes its direction, the effect will not go into the desired
direction anymore. It will rather be the opposite of what was desired when switching
the shock absorber, when the damper velocity had a different sign. When applying the
switching of the shock absorber into a controller this fact needs to be remembered. The
first effect caused by the switching is ‘positive’ in the sense that it points in the direction
which was requested when switching the shock absorber. But between 30 and 200 ms later
the desired effect is over and from then on it is ‘negative’ in the sense that the Delta Wheel
Load now points in the undesired direction. It depends mainly on the excitation frequency
when this point of return will be reached, but it will be reached eventually in every case.
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Figure 4.20: Test rig experiment: Effect of switching the shock absorber at the front left
wheel at an excitation frequency of f. = 2 Hz. Excitation on all four wheels.

Time Frame

The plot in Figure 4.20 shows the results of only one switching process exemplarily. To
make a switching process comparable to one another, the previously described quantities
Effect Time and Effect Magnitude were introduced. In this section the effect of switching
the shock absorber in the time frame is analyzed. In Figure 4.21 the Total Effect Time
and the Effect Time are plotted vs. the excitation frequency for the front left wheel. The
same is shown in Figure 4.22 for the rear right wheel.

In both cases it can be seen that the average Effect Time is approximately constant for
every excitation frequency. At the rear axle it takes slightly longer for the effect to get to
the tire contact zone. This is probably because the shock absorbers at the rear axle are
not mantled directly to the axle. There the damper force acts via a lever arm on the axle,
and this lever arm is suspended in a rubber mounting, which could lead to a time delay
in the transmission path of damper force to wheel load. The Total Effect Time decreases
with an increasing excitation frequency. This is due to the fact that switching the shock
absorber has an positive effect on the course of the wheel load only as long as the damper
velocity has the same sign as it had at the time of switching.

Furthermore, it can be seen that the direction in which the shock absorber is switched
(hard to soft or soft to hard) effects neither the Effect Time nor the Total Effect Time
strongly.

This means: First of all, assuming that superposition can be done, the average time
that it takes for the switching of the shock absorber to have an effect on the wheel load is
independent of the type of excitation, may it be a noise, a periodic or any other transient
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Figure 4.21: Total Effect Time and Effect Time vs. excitation frequency for front left wheel
and seismic excitation at all four wheels equally.
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Figure 4.22: Total Effect Time and Effect Time vs. excitation frequency for rear right wheel
and seismic excitation at all four wheels equally.
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type of seismic excitation. It only depends on the velocity of the shock absorber at time
of switching vp s = vp(ts) and on the switching direction (refer to Figure 4.23).

One main part of this time delay comes from the fact that the electromagnetic valve
within the shock absorber has to change its opening condition and that the hydraulic
pressure within the shock absorber has to change. The second main part comes from the
fact that the tire first has to be deformed in order to transfer the damper force into wheel
load. Yi has also shown this effect by applying a sudden change of shock absorber setting
(soft to hard) to an active shock absorber at constant damper velocity®.

The second conclusion from Figure 4.21 is that the duration of the effect and with this
its positiveness is longer the lower the excitation frequency. Hence, superposition cannot
be done in this case. The duration of the effect of switching the shock absorber strongly
depends on the frequencies with which the vehicle is excited.

In Figure 4.21 it can furthermore be seen that it takes approximately an average time of
26 ms for the effect to take place at the front left wheel and 32 ms for the rear right wheel.
Due to symmetry the same holds true for the front right and the rear left wheel, so that in
this sense the front left wheel stands exemplary for the front axle and the rear right wheel
for the rear axle. Just above the body eigenfrequency, at 3 Hz, the effect takes place at an
average time of 18 ms respectively 12 ms. This has two reasons:

Firstly, because here the body and the wheel movement are out of phase, the amplitudes
are rather large, and the pitching and the vertical eigenfrequency of the vehicle’s body
interfere. Those facts are the reason that the reproducibility of the course of wheel load
from one time period to another is slightly smaller here than at other frequencies. This
is why the band of 1 Ns for the Delta Wheel Load Integral can be crossed earlier for the
oscillations at this frequency.

Secondly, between 3 and 4 Hz the difference for hard and soft damping of the magnifica-
tion of the transfer function from seismic excitation to dynamic wheel load is greatest (refer
to Figure 4.5 on page 69). This means that—dynamically seen—a switching from hard to
soft causes a greater difference in wheel load here than at other frequencies. Therefore, the
transient transmission from the stationary condition for hard (soft) to soft (hard) damping
is stronger than at other frequencies and the threshold FI*“"? of 1 Ns is reached faster.

Furthermore, it can be seen that the duration of the effect varies between mean values
of approximately 150 and 50 ms. The longest effect duration is achieved at low frequencies
of 1Hz. Above 10 Hz there is almost no difference in the effect duration anymore for the
different frequencies. This shows that at higher frequencies the effect is not very useful, it
has its highest effectiveness at frequencies below 5 Hz. This corresponds very well with the
fact that the frequency spectrum of damper velocity for driving on an ordinary road has
its maximum at the exact same frequencies (refer to Figure 4.9 on page 73 for simulation
results on this topic and to Figure 5.9 on page 132 for experimental results). So the supply
and demand fits together: The maximum effect is supplied by the system at frequencies
below 5 Hz and the maximum effect is demanded at the same frequencies.

In Figure 4.23 the Effect Time is plotted vs. the damper velocity at the time of switching
of the shock absorber for the most relevant frequencies between 0.5 and 5Hz. It can be
seen that there is a tendency for the Effect Time to be smaller the greater the damper
velocity at time of switching. It can also be seen that in most of the cases the Effect
Time lies at approximately 25 ms. This means it takes 25 ms for the switching of the shock

°Yi/Wargelin/Hedrick (1992): Dynamic Tire Force Control by Semi-Active Suspensions.
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Figure 4.23: Effect Time vs. damper velocity at time of switching the shock absorber for front
left and front right wheel and seismic excitation at different wheels. Results are gained from
test rig experiments.

absorber to have an effect on the course of wheel load. In some cases this time is shorter,
in some it is much longer. The cases in which it takes very long for the effect to take place
(from 50 up to 100 ms) are those in which the damper velocity at the time of switching is
low (Jup| < 0.1m/s). At those low velocities the shock absorber is either at the upper or
at the lower turning point, and it takes time before the full damper force—and with it the
full measurable effect—has established from there on.

Another thing that Figure 4.23 shows are the results for the Effect Time for different
types of excitation. The vehicle is either excited at only the front left wheel, the front
axle, the right track, or at all four wheels. It can be seen that the principle behavior of
the Effect Time does not vary, no matter what type of excitation is used. There is always
the tendency for the Effect Time to decrease with increasing damper velocity at time of
switching. It is also always that the mean value of ¢, for most switching processes lies at
around 25 ms. The shorter Effect Times for excitation at all wheels which occur in some
cases can be explained again by the fact that those appear at 3 Hz excitation frequency
where the course of wheel load is not as reproducible as at other frequencies.

The important conclusion for falsifying hypothesis Hy on page 90 is that the variance of
Effect Time for the same type of excitation and all other parameters being constant is in
the same dimension as the variance of Effect Time for a differing type of excitation ceteris
paribus®. This means that when switching the shock absorber at a given damper velocity,

6 «Ceteris paribus is a Latin phrase, literally translated as ‘with other things being the same,’ and usually
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the output in terms of Effect Time cannot be predicted more precisely, no matter if the
type of excitation is only at one wheel, one axle, one track, or all wheels. Thus, the effect
that the type of excitation has on the Effect Time—if present at all—is smaller than other
random effects. The hypothesis Hy on page 90 is therefore falsified in the time domain and
hypothesis H; is presumed to be true.

Another essential thing to mention is the following: Even though the effect of switching
the active shock absorbers in most cases points into the expected direction, that is, if
switching from hard to soft in compression, the wheel load will decrease for example, the
effect always becomes negative after a while. This means that it is only for a restricted
amount of time that a positive effect, meaning in the desired direction, can be obtained.

After this time, which is measured by fe o, the wheel load will take a course which is
the opposite of what was desired when switching the shock absorber. The wheel load will
be smaller than without switching, even though the request of wheel load was to increase
and vice versa. This is because wheel load can never be increased or decreased as a whole.
The times of positiveness and negativeness of dynamic wheel load can only be shifted from
a bad distribution to a better distribution.

Since the relevant frequency band is the one from 1 to 5 Hz, the Effect Time in general
is short enough for the given purpose to influence the wheel load goal-oriented. Even at
the highest relevant frequency of 5 Hz the Effect Time corresponds only to a phase shift of
approximately 25 ms-5Hz-27 = 1/8-2r = T, which means that for every fourth switching
case the damper velocity has changed its sign before the effect appears in the wheel load.
I.e. the majority of 75% of all switching processes will lead to a change in wheel load in
the desired direction, even for an excitation frequency of 5Hz. At lower frequencies this
percentage is even higher. At 1Hz it lies at roughly 95% (25ms - 1Hz - 27 = ).

For any excitation frequency the fraction of switching processes which will lead to a
change of wheel load in the desired direction ggyitcn can be calculated by equation 4.49.

Gswitch = 1—- 2tefe (449)

The fact that the values of gswiten for low frequencies—which are the relevant ones in
the given context—Ilie between 75 and 95 % implies that with respect to the time frame
the active shock absorbers can be used to purposefully influence the wheel load. But this
only answers the question if the effect of switching the shock absorber will point into the
desired direction. Another question is if the effect will take place fast enough for the
given control purpose. Since to answer this question the longitudinal dynamics (which
is discussed in chapter 5) needs to be taken into account, it is covered in section 5.3.1
on page 126. Nevertheless, the answer shall be anticipated: The switching of the shock
absorber is admissible to influence the lateral dynamics of a passenger car purposefully
with respect to the time frame.

Magnitude Frame

In the previous section the switching effect was investigated in the time frame and it was
shown that with respect to time the effect is feasible for a goal-oriented influence on the
course of wheel load.

rendered in English as ‘all other things being equal.” ” Source: Wikipedia
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In Figure 4.24 the total effect magnitude and the Effect Magnitude are plotted vs. the
excitation frequency for the front left wheel. Here it can be seen that both the average
total effect and the average effect are stronger the lower the excitation frequency. This has
two reasons: First, it is due to the longer Total Effect Time for lower frequencies which
leads to a greater Delta Wheel Load Integral. Second, it is due to the greater amplitude
of the Delta Wheel Load.
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Figure 4.24: Total Effect Magnitude and Effect Magnitude vs. excitation frequency for front
left wheel and seismic excitation at all four wheels equally. Results are gained from test rig
experiments.

Again, a superposition is not allowed to do, because the effect is not independent of
the excitation frequency at which it is measured. But it can be seen that for frequencies
between 1 and 5 Hz the total effect is greatest. Again, those are the frequencies at which
both the supply and the demand side have the highest amplitudes.

The same holds true for the rear axle. The only difference is that there the Effect
Magnitude is by factor two smaller than it is at the front axle. This is because the
spreading at the front axle is by approximately factor two greater than the spreading at
the rear axle (refer to Figures 4.3 and 4.4 on page 66). The Delta Damper Forces are
therefore also by factor two greater. Thus, the switching effect is twice as strong at the
front as it is at the rear axle.

Since the relevant frequencies are low ones, in Figure 4.25 both the Total Effect Mag-
nitude A.;o; and the Effect Magnitude A, are plotted vs. the damper velocity at time of
switching for excitation frequencies between 1 and 5Hz only. This figure shows that A,
in the given frequency band strongly depends on the absolute value of damper velocity at

98



4.6 Test Rig Experiments

100

in Ns

80

e,tot

60

40

20

-20

-40

-60

-80

-100

° o
o
o
o}
OQ\O o
N ¥ 9 o o
X x X o o
x é) o ~oo
X && X x ©
x| xx
X x X %o
L S
% X "O@
x, @ QO
XX
X070 OXXQ,XO
o
8 x
8 e
(% A X
)@ CPO X X
X
& @0 ¢
@ X
o x % x
o O x oo>< x
(o] x O x x % x
x
O o gy x %
x
% x
X
X
X
-0.4 -0.2 0 0.2 04 0.6
v t)in m/s
balty) inm/

A in Ns

100

80

60

40

20

-20

-40

-60

-80

-100

x  switching from soft to hard

o switching from hard to soft
x X [0} O%&
B4 < FOSPo®
0, * BRIy
D )S?x OX x X
% "
%g D& OQX X ol x X
R K |
X % X

Excitation: all wheels
Frequencies: 1...5 Hz
Results: front left wheel

-0.4 -0.2 0 02 04

0.6

UD,ﬂ<ts) in m/s

Figure 4.25: Total Effect Magnitude and Effect Magnitude vs. damper velocity at time of
switching the shock absorber for front left wheel and seismic excitation at all four wheels
equally. Results are gained from test rig experiments.
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time of switching. The greater this velocity, the greater the effect magnitude.

It can also be seen that the effect leads to the requested change of wheel load in most
of the cases. It is only in rare cases at low damper velocities that the Effect Magnitude
has an other than the expected sign. In general it holds true that the Effect Magnitude is
positive for switching the shock absorber from soft to hard in compression and from hard
to soft in rebound, and vice versa. As for the Total Effect Magnitude A tot, the values are
more stretched than they are in the case of A.. How strong Ae it will be depends on the
system’s states at time of switching.

In the same manner as it was done in the time frame, it is now checked if the hypothesis
Hy formed on page 90 can be falsified in the magnitude frame as well. If this was the case,
a quarter-car model could be used to predict the measurand Effect Time.

Figure 4.26 shows the effect magnitude for the wheel’s of the front axle for different
types of seismic excitation vs. the damper velocity at time of switching. It is either all
wheels which are excited, only the front axle, the right track, or the front left wheel. It
can be seen that the effect magnitude is almost not affected by the type of excitation. The
variance of Effect Magnitude for a given damper velocity lies in the same dimension as the
variance between the different types of excitations.

For all types of excitations it holds true that most of the switching processes lead to
a change in wheel load in the desired direction (results in the I. and III. quadrant for
switching from hard to soft and in the II. and IV. quadrant for switching from soft to
hard).

Thus, from Figure 4.26 the conclusion can be drawn that the strength of the effect and
its sign are independent of the type of excitation—at least, the dependency is smaller
than the system-inherent variance. Hypothesis Hy is therefore falsified, the alternative
hypothesis H; is assumed to be true. It is furthermore assumed that the switching effect
can be modeled by means of a quarter-car model in the magnitude frame, too. Thus, the
use of the quarter-car model is validated for modeling the switching effect on the wheel
load.

The given values of Total Effect Magnitude and effect magnitude can directly be trans-
lated into change of braking slip. For doing this please refer to equation 5.23, where the
connection between vertical forces (wheel load) and braking slip is drawn.

The averaged Effect Magnitudes shown in Figure 4.24 lead to changes in braking slip at
a wheel of the front axle of approximately |AAg| = 0.8-4 %, assumed that the gear box is
in second gear, the vehicle speed v, = 70 km/h, and the actual friction factor p = 1.

In third or higher gears or in neutral position the change in braking slip is even greater
(ceteris paribus) due to the reduced effective mass moment of inertia of the front axle’s
wheels. There it is approximately |AAg| = 1.5-7.5 % (third gear) and |AXg| = 1.9-9.5%
(neutral position) which can be achieved by a change in wheel load of the dimension given
in Figure 4.24. The detailed description how to calculate those values can be found in
equation 5.23 on page 117. Another numerical example is given on page 121. Here these
values shall only be mentioned without calculation to show how strongly a simple switching
of the active shock absorbers from hard to soft or vice versa can influence the braking slip.
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Figure 4.26: Effect Magnitude vs. excitation frequency for the front left respectively the front
right wheel and seismic excitation at all four wheels, front axle, right track, and front left wheel
only. Excitation frequencies lie between 1 and 5 Hz.
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4.6.3 Comparison of Simulation and Experiment

The simulation model introduced in section 4.3 is used to make the results gained from the
test rig experiments independent of the specific testing vehicle investigated in this thesis.
In the former section it was shown that using a quarter-car model is suitable for modeling
the switching effect of the shock absorbers, because the effect has a negligible amount of
dependency on the form of excitation. Now it needs to be determined how well the model
maps the values gained from real experiments into the simulation world. In Figure 4.27
the Effect Time for applying the same seismic excitation to the quarter-car model as was
applied to the real car at the front left wheel is shown. It can be seen that the Effect
Time is reproduced by the quarter-car model very well. It is only at higher frequencies
above 20 Hz that there is a relevant deviation from the Effect Times measured in the test
rig experiments. Since the relevant frequencies lie below 5Hz, this deviation does not
negatively influence the use of the model.
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Figure 4.27: Total Effect Time and Effect Time vs. excitation frequency. Results are gained
for the front left wheel from test rig experiments and from the quarter-car simulation model
described in section 4.3.

In Figure 4.28 the result from the same simulation is shown. Now the Total Effect
Magnitude is plotted vs. the excitation frequency. It can be seen that the quarter-car
model maps the Total Effect Magnitude which can be found in reality in a good manner
into the simulation world. Not only the principle behavior—a decreasing Total Effect
Magnitude with increasing excitation frequency—but also the numerical values of Total
Effect Magnitude in simulation and experiment match.

102



4.6 Test Rig Experiments

£ % = Mean value in simulation

i A = Mean value in experiment, front left
*E\ 50 == Mean value in experiment, front right
<

1Al

40
/ \! Excitation: all wheels
Results: front left wheel
=V

30

20

PN

A

10 \\,/A¥1\
0 5 10 15 20 25 30
fe in Hz

Figure 4.28: Total Effect Magnitude vs. excitation frequency. Results are gained for the front
left wheel from test rig experiments and from the quarter-car simulation model described in
section 4.3.

Parameter Variation

First of all, a parameter variation in the real car shall be undertaken: As it was explained
in section 4.2, the difference in damper force between soft and hard at a given damper
velocity leads to a change in wheel load if the shock absorber is switched. Thus, the
change in wheel load should depend on this difference in damper force—it should depend
linearly on the spreading sy;.

In Figure 4.29 the mean values of the Total Effect Magnitude and the Effect Magnitude
are shown for switching the shock absorber at the front left wheel from soft to hard or vice
versa, and in addition both for switching from medium damping (In = 0.8 A) to hard or
to soft damping. In case of medium damping the values for both spreadings sy, or s, are
approximately half of the original hard/soft spreading sps. As can be seen in Figure 4.29,
this leads to half the values in both Total Effect Magnitude and effect magnitude, compared
to the original values.

Thus, interpolation with respect to the spreading of the shock absorber is admissible.
This also lets expect extrapolation to be feasible at least in small ranges. What happens
to the switching process if the spreading of the shock absorber is increased? This question
cannot be answered with the actual real shock absorbers, for their spreading cannot be
increased any further than sys. But here the simulation model can help. Using the model,
parameter variations can be undertaken to check on the dependency of the results on those
parameters.
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Figure 4.29: Total Effect Magnitude and Effect Magnitude for differing switching procedures
vs. excitation frequency. Results are gained for the front left wheel from test rig experiments.
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4.6 Test Rig Experiments

Figures 4.30 and 4.31 show the effect of a variation of the parameters by which the system
behavior of the quarter-car model is determined. The data in both figures are gained
from a simulation experiment where the quarter-car model is excited with a pseudo-noise
seismic excitation. Within the simulation it is possible to determine the effect of switching
the shock absorber even for such a seismic excitation where the course of wheel load is
unpredictable. If the experiment was executed in the real world, the course of wheel load
for a noise-type seismic excitation would not be reproducible. For the simulation model
this is different, because for given initial conditions a simulation experiment always leads
to the same output.
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Figure 4.30: Parameter variations and their effect on the Effect Time .. Data gained from
simulation with the quarter-car model of section 4.3 for the front left wheel and a pseudo-noise
seismic excitation.

Thus, the course of wheel load after switching the shock absorber is compared with the
course of wheel load without switching. For each fixed set of parameters 200 switching pro-
cesses from hard to soft and 200 for soft to hard are investigated. The pseudo-noise seismic
excitation starts with a randomly chosen seed. The values calculated for the parameter
variation are the mean values for those 400 switching processes per set of parameters.

In both Figure 4.30 and Figure 4.31 on the abscissa the relative variation of the respective
parameter from its original value—which is listed in Table 4.2 on page 67—is shown. A
value of one means that there is no variation at all, whereas a value of 3/2 means that
the original value is increased by 50 %. On the ordinate the relative change in Effect Time
respectively Total Effect Magnitude with respect to those values which establish when
using the original set of parameters is shown.
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Figure 4.30 shows that the Effect Time is almost not influenced by the stiffness of the
body spring cg. Recalling that the switching effect is caused by the change in damper force
and is therefore independent of the parallelly acting spring force, this result is plausible.
The Effect Time is slightly influenced by the body mass mg. The greater this parameter,
the shorter the Effect Time.

But the most interesting part to see is the effect that a change of one of the wheel
parameters or of the hardest characteristic line of the shock absorber has on t¢., because
there the effect is most intense. An increase in wheel spring stiffness or a decrease in
wheel mass both lead to a shortening of the Effect Time. This is because the change
in wheel load only establishes if the tire is either additionally compressed or additionally
released. In case of a reduced wheel mass, compressing or releasing the tire happens faster
because of the reduced mass moment of inertia. In case of a raised tire spring stiffness the
same amount of tire deflection leads to higher changes in wheel load—which again lets %,
decrease.
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Figure 4.31: Parameter variations and their effect on the Total Effect Magnitude A ;... Data
gained from simulation with the quarter-car model of section 4.3 for the front left wheel and a
pseudo-noise seismic excitation.

The spreading sps of the shock absorber, which is varied by multiplying the damper
forces of the hardest characteristic line of the shock absorber with a factor, also has a
strong influence on the Effect Time. The greater the spreading, the shorter the Effect
Time. This is simply because the change in damper force is the greater, the greater the
spreading. And the greater the change in damper force, the faster the measurable effect
on the wheel load occurs, because the speed of tire deflection depends on the force that
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is applied to the wheel/tire. Nevertheless, for all those parameter variations the change
in Effect Time is rather small compared to the change in the respective parameter. This
means that with respect to the Effect Time the results are not sensitive to failures in the
determination of parameters or to a change of the testing vehicle.

Figure 4.31 shows that the Total Effect Magnitude mainly depends on the spreading sy
and on the mass of the body. For both parameters an increase leads to an increasing Total
Effect Magnitude. For the parameter ‘body mass’ it is an almost one to one dependency.
This means that for a heavier car the Total Effect Magnitude is bigger by almost the same
factor as the vehicle’s mass is bigger.

Thus, the Effect Magnitude per mass almost remains constant, no matter how great the
value of the body mass will be (in the given dimensions from 0.2 to 5 times the original
value). Taking into account that the heavier a car, the more braking force is needed to
decelerate it, it does not improve the overall performance of the switching effect to increase
the body mass.

For the spreading this looks slightly different. The spreading can be changed without
changing the mass of the vehicle. Increasing the spreading alone therefore leads to an
improvement in the sense that the magnitude on the supply side can be increased without
changing any other parameters that might lead to an increase in magnitude on the demand
side.

4.7 Conclusions

In this chapter the relevant frequency band for a shock absorber controller was determined
by means of a linearized quarter-car model. The wheel load integral as well as the damper
velocity have the maximum amplitudes at frequencies below 5 Hz for a seismic excitation
which decreases with f !, which is typical for a road with a typical unevenness. The wheel
load integral here represents the demand side of the problem and the damper velocity the
supply side. Both sides match with respect to the frequency spectrum.

It was shown that the switching of the active shock absorber can be used to influence
the course of wheel load in a directed way. The wheel load influence matrix was intro-
duced, which describes the direction of the switching effect. Derived from this matrix, a
controller, the so called MiniMax-controller, was introduced. With this controller artificial
characteristic lines for the active shock absorbers can be established.

These artificial lines can be used to lift and lower the body of the vehicle, given that
a seismic excitation is present. Switching from one artificial line to another changes the
governing equations which describe the vehicle’s vertical motions. This again leads to an
increase or decrease in wheel load—depending on the direction of switching and the sign
of damper velocity at time of switching.

It was shown that the increase or decrease of wheel load always leads to a lifting or
lowering of the vehicle’s body. The part of Delta Wheel Load which acts on the vertical
wheel motion is not as relevant for the switching effect as the body motion, because due
to the limited tire deflection and the low wheel mass the acceleration of the wheel will end
up to 100 times faster than the one of the body. Thus, the effect of switching is longer and
stronger the larger the maximal spring deflection of the body spring.

A testing procedure was developed to measure the effect of switching the shock absorber
in both the time and the magnitude domain. In test rig experiments the Effect Time
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and the Effect Magnitude for the given testing vehicle were determined. The Effect Time
and the Effect Magnitude at a wheel are independent of the places at which the seismic
excitation is applied. Exciting only the front axle, only one track, or all four wheels at a
time leads to the same dimension of Effect Time and Effect Magnitude. Thus, with respect
to those two quantities, the coupling between the wheels can be neglected and a quarter-
car model is sufficient for modeling them. The simulation model was validated, such that
the results with respect to the vertical dynamics are transferable to every passenger car
which is characterized by the properties which a quarter-car model represents.

The wheel load influence matrix as well as the MiniMax-controller are parameter-
independent and therefore hold true for every passenger car which is equipped with an
active shock absorber. In fact, the conclusion actually holds true for every land-based
vehicle which has an adjustable suspension parameter. The parameter which is switched
does not necessarily have to be the damping coefficient. It can also be the spring stiffness
or—very unusual, but theoretically possible—the mass of the wheel or the body. Parame-
ter variations undertaken with a quarter-car showed that the Total Effect Magnitude can
be increased by increasing the spreading of the shock absorber.

The MiniMax-controller developed was furthermore implemented in a real car and used
to determine the roughness of some 400 km of southwestern German highways in order to
compare those results with the test track ‘Standard Road’. Those test drives have also
shown that lifting and lowering of the vehicle’s body are not only a theoretical construct,
but can also be measured with a real car on a real road, no extreme or special kind of
excitation needed.

With the results from this chapter a tool is provided which allows to increase or decrease
the course wheel load purposefully. It is now also known for how long a change of wheel
load in the desired direction is achievable by switching the shock absorber and how strong
it is. The Total Effect Magnitude can be even higher if the shock absorber is not only
switched from one constant to another constant characteristic line but from the artificial
characteristic line ‘increase wheel load’ to ‘decrease wheel load’ or vice versa. Up to the
point in time when the damper velocity changes its sign after switching the shock absorber,
there is no difference between switching from one constant passive line to the other and
switching from one artificial line to the other.

There are two reasons why switching the active shock absorber causes an increase or
decrease in wheel load. At first, due to the difference in damper force at a given damper
velocity for hard and soft damping the switching of the damper causes a Delta Damper
Force which can directly be translated into a Delta Wheel Load. This means, if the damper
force is decreased by switching the damper this will lead to an increasing/decreasing in
wheel load, depending on the damper stage at the time of switching. Secondly, due to the
difference of damping coefficient for rebound and compression—which can purposefully be
increased by controlling the dampers—the body is lowering or lifting, depending on the
direction of control. While the body is accelerated upwards, the wheel load is increasing
and vice versa. Thus, the greater the difference of spring displacement for the lower and
the upper state of the body, the longer the switching effect will continue.
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In this chapter the MiniMax-controller developed in section 4.4 is applied to the longitudi-
nal dynamics of the vehicle. The MiniMax-controller is used as the core for a slip controller
which is meant to lead to an enhanced braking performance. The controller is investigated
in real test drives.

After preliminary definitions in section 5.1, in section 5.2 the connection between vertical
dynamics and longitudinal dynamics is established. It is shown that it is not the wheel
load itself but rather the integral of this quantity which affects the longitudinal dynamics,
namely the braking slip.

With this knowledge, in section 5.3 a slip controller is developed. The braking slip
is meant to be the control variable. But it cannot be controlled directly, because if the
braking slip is increasing by a high amount, the ABS-controller will act on this and it is
therefore too late for an intervention in the vertical dynamics to reduce the braking slip.
It is thus that the wheel load integral is used as the substitute control variable.

In section 5.4 the slip controller developed is implemented in a real car and test drives
are executed with it. The objective is to reduce the braking distance. For this purpose
first of all a testing procedure is defined which allows to make braking procedures such re-
producible that a possible enhancement of braking performance due to the shock-absorber
controller—if present—can be measured.

5.1 Definitions

The following definitions make one braking process comparable to another. Since a braking
process is influenced by many variables (refer to section 2.2), to be able to gain reliable
information about the effect of the shock-absorber controller, it is an important factor to
keep as many influencing factors under control as possible. As will be seen in later sections,
even though all those controllable parameters are kept constant, the variance of braking
distance is still such large that it needs to be analyzed statistically. But if the parameters
which are controllable were not kept constant, the variance would be such large that the
number of test drives to be undertaken would be too large to realize.

In real test drives a light barrier—which is attached to the rear bumper of the vehicle—
is used for several purposes. Passing the light barrier reflectors—which are fixed in the
pavement coordinate system—beside other purposes initiates both measuring an braking.

Initiation of Braking tg;

The time of initiation of the braking process tg; is defined as the time at which the braking
machine used is triggered to pull the braking pedal. This signal depends on passing a light
barrier reflector.
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Initial Velocity vy

The initial velocity v of the vehicle is defined as the average longitudinal velocity vy

which the vehicle occupies between passing the first and the second light barrier reflector,
LU and Ll-

tL1

1
beo = 7/%{(75) dt (5.1)
tr, — tr,
tLO

Begin of Braking Process tgp

Especially the beginning of the braking process highly influences the measured result.
Since the vehicle holds its highest velocity at the beginning of the braking process, every
measuring error at the beginning of the braking procedure will lead to a higher total error
than an error at the end of the braking procedure. This is why a braking machine is used
to map out the initial part of the braking procedure as reproducible as possible. But still,
a starting point for the braking needs to be defined. The braking pressure of the front
left wheel’s braking cylinder ppg(t) is used as measurand. Once it crosses a predefined
threshold pp g, the full-braking procedure is defined as started.

tgg = min (t ‘ pB’fl(t) > pB,BB) (52)

The threshold is defined such that it lies close to the maximum braking pressure, but
not too close such that the small gradient in braking pressure shortly before the maximum
braking pressure is reached would cause strongly differing results from one braking pro-
cedure to the other. For braking on the test track ‘Standard Road’ the threshold lies at
PB.BB — 60 bar.

End of Braking Process ¢z

The end of the braking process is defined via a threshold of the longitudinal velocity wvy.
For measuring reasons it should not be waited until the vehicle completely stands still for
the braking process to be defined as finished. The end of the braking process is assumed
to be at the time when the longitudinal velocity passes a given threshold from above for
the first time.

tpe = min (¢ € [tpp;00) | vx(t) < vy BE) (5.3)

Since it is difficult to determine exactly the longitudinal velocity being equal to zero, it
is better to assume the braking process to have ended at a time still driving with a small
velocity than to have to deal with wide spreadings due to measuring failures. This would
be the case if the exact time of standing still was measured. The threshold for the velocity
to be passed is set to vypr = 3km/h. At this speed the remaining braking distance on
a typical road with ppna.e &~ 1 is only 3.5cm. Assuming that the braking distance could
be shortened by 10% (a very optimistic assumption) by the shock absorber controller,
the failure in comparing damper-controlled and damper-uncontrolled test drives due to
assuming the braking procedure has finished at 3km/h is a maximum of 0.35 cm. This is
way below the measuring accuracy and can therefore be neglected.
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Braking Distance dp

The braking distance for a given braking procedure is measured by means of the integral
of longitudinal velocity of the vehicle. Integrating this measurand from the time at which
the braking procedure has started to the time at which the braking procedure has ended
gives the distance which has been traveled between those two points in time.

tBE

@:/m@w (5.4)

tBB

The longitudinal velocity of the vehicle v, is measured by an optical sensor in high
precision. The correctness of the determination of the braking distance is double checked
with the signals from light barrier reflectors. The reproducibility of the results is even more
important than the absolute correctness, since the braking distances for different damper
settings are to be compared. The absolute value is of less interest than the ranking of
braking distances for different damper settings to each other.

The random error of the determination of the braking distance is 0.25 %. It corresponds
to an absolute random error of approximately 5cm for a braking procedure with an initial
velocity of 70 km/h. This error was determined with the signals of the light barrier which is
attached to the vehicle. By passing light barrier reflectors which are positioned in defined
distances and comparing the result of integrating the signal of the longitudinal velocity
with the actual traveled distance, measured by the light barrier signal, allows to determine
this random error (for the setting refer to Figure 5.7 on page 128).

The braking distance is one out of two overall integrating measurands that give final
information about how good the braking procedure was in the given context. All other
measurands help to understand why the braking procedure is good or not that good, but
the braking distance is the one measurand that represents the main objective of the whole
controller.

Corrected Braking Distance dg .o

The braking distance measured by integrating the longitudinal velocity of the vehicle gives
the correct information about the actual braking distance which was obtained for the given
initial velocity. The problem is that, even though the cruise control is used to recover the
same initial velocity for every braking procedure, there may be differences in the actual
initial velocities of +/ — 1km/h. This might seem to be a small value, but recalling
that the expected shortening of braking distance is in the range of a couple of percent, a
deviation of 1km/h for an initial velocity of 70km/h is not acceptable. This problem is
solved by correcting the actual, measured braking distance dg. The correction goes like
this: Assuming that the mean value of deceleration of the vehicle is the same for a given
test drive, no matter if it starts at an initial velocity U?,o or at an initial velocity v)}io, given
that

UX,U - UX,O

<1, (5.5)

then the corrected braking distance, the braking distance that would have established
if the vehicle’s speed at the starting of the braking procedure had been the desired value
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des

w0 can be calculated by:

v

2
dB,corr = dB ’ (56)
UX,O

This corrected braking distance is the one that is used for all comparisons of hard, soft,
and controlled damping. If only ‘braking distance’ is mentioned in the following sections,
it is always referred to this corrected braking distance, unless otherwise noted.

Integral of the Square of Vehicle Speed With Respect to the Traveled Distance VI

The braking distance dg gives information about how good the braking procedure was in
the sense of making the vehicle stop as early (measured in distance) as possible. This is
a useful measurand if the vehicle will eventually stop before a crash happens. Still there
might be cases in real life when a full-braking procedure is initiated by the driver and
a crash cannot be prevented anymore. For those cases the braking distance alone is not
sufficient to value the quality of the braking procedure.

In case of a collision with any kind of obstacle, the lower the kinetic energy of the vehicle
at the time of the crash, the better for car and driver. The kinetic energy is proportional
to the square of the vehicle’s speed. For a given position s}, the objective is therefore to
minimize the kinetic energy which the vehicle holds when it reaches this position. I.e., the
integral of the square of the vehicle’s speed with respect to the traveled distance, given by

Sx(tBE)

VI = / v2(5y) dsy (5.7)

X

sx(tBB)

is a valid measurand to value the course of vehicle speed during a braking procedure—
something that the braking distance itself cannot provide. The smaller VI, the better is
the braking procedure in the sense that the probability of holding a high kinetic energy at
the time of a possible collision is smallest, given that the exact position of the obstacle is
unknown.

Cumulative Percentage gcp

The cumulative percentage is a tool from the field of statistics. It is widely used especially
in Economics. In the given context it is introduced because with its help it is possible to
get a quick impression of how the braking distances of different shock absorber settings
compare to each other. The definition of the cumulative percentage can be found e.g. in
Bleymiiller!. Treating the results of braking procedures due to the uncertainties in the
parameters which influence the braking distance as random variables, the cumulative per-
centage gives information of how many braking procedures in percentage of all considered
braking procedures with a fixed parameter setting led to braking distances below a given
distance in meters.

!Bleymiiller/Gehlert/Giilicher (1996): Statistik fiir Wirtschaftswissenschaftler p. 8.
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‘ 0 for d<dg,
Gp(d) = gu for dy, <d<di, | (5.38)
1 for d>dyy

where i € {h,s,c}, n is the counting index which arranges the braking distances dp in
an ascending order, and g, is the percentage of braking procedures which have shorter or
equal braking distances than diB’n. The same definition holds true for every quantity. Here
it is shown exemplary for the absolute braking distance dg.

Velocity Difference vgig

The velocity difference vgigr at a wheel is the difference between the speed of the vehicle
vy and the speed of the respective wheel vy, where the speed of the wheel is defined as
the effective radius of the wheel times its angular velocity vw = ww(t) reg. If the wheel
locks, the velocity difference equals vy. If the wheel is completely free spinning, the velocity
difference equals zero.

vair (1) = vy (t) — ow (t) = v (t) — ww (t) regr (5.9)

The velocity difference can be interpreted as the braking slip, weighted with the actual
longitudinal velocity vx. The only difference to other measurands which are weighted with
vy is that it is not divided by the mean value of longitudinal velocity.

Averaged Values for all Wheels

For every braking procedure the braking distance is a measurand which gives information
about the braking performance with one single value. Other measurands which are cal-
culated for every wheel individually, but should be compared with the braking distance,
must therefore be added together to one single value as well. When braking, the wheel
load at the front axle and with it the braking force there is increasing due to the weight
transfer. Assuming that the wheel load and the braking force are connected via a constant
factor p, the ratio between braking force/wheel load at the front and the rear axle is given
by:

Foe(p)  Fee(p) L+ phea

e (1) = = = 5.10
0l Foe(p)  Foe(p) b —phea (5:10)
The ratio of wheel load at the front axle per total wheel load is given by:
F, B L+ uh
es(y1) = (1) _ B, (1) _ bt ¢ (5.11)
Fz,tot(#) FB,tot(M) [
and analog for the rear axle:
Fz,r M FB,r I lf_,U/hCG
erlpy) = —zett) _ Foali) (512)

F ot (1) B Fg ot (11) B [

Thus, every deviation at the front axle weights by e;/, stronger than a deviation at the
rear axle. This is why for any quantity X which is transferred from four individual wheel
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values into a single value, the quantities of front and rear axle are weighted as shown in
the following equation:

Xy = €f(ﬂ)

(Xn + Xe) + 6‘"(2“) (Xn + Xor) (5.13)

For test drives executed on the test track ‘Standard Road’, p =~ 1.04 and therefore the
factors e =~ 0.77 and e, =~ 0.23. Thus, the total braking force of the front axle is by the
factor 3.3 greater than the total braking force of the rear axle.

5.2 Connecting Wheel Load and Braking Slip/Braking
Force

In section 4.4 the controller for the vertical dynamics was introduced and explained. Now
this control logic is used to be a part of a controller of the longitudinal dynamics. First
of all, the connection between wheel load and braking force needs to be established. How
does the change of wheel load and the change of wheel load integral due to switching the
active shock absorbers influence the braking force and the braking slip? This question will
be answered in the following section.

5.2.1 Theoretical Approach

In Figure 5.1 the effect which a change in wheel load has on the braking force and the
braking slip is described principally. The different states which should be described are
labeled from A—D. The explanation for the states and what happens from the transition
from one state to the other goes as follows:

A The wheel is in an arbitrary steady state at a given braking slip Ag|a and a given braking
force Fgla, close to the maximum of the p-slip curve. Then a change in wheel load
AF, = F,|g — F,|» > 0 is applied.

B The change in wheel load causes the braking force to increase immediately by AFp =
Fglg — Fgla > 0, whereas the braking slip remains at its level due to the mass
moment of inertia of the wheel. The braking force has to be integrated first before
it leads to a change in braking slip (refer to equation 5.22).

C Assuming that the braking torque applied to the wheel remains constant during the
process described, the needed braking force for a stationary condition is still at the
level Fg|lc = Fg|a. With the new wheel load F,|g present, the braking slip Ag|c
which is needed to establish the braking force F|c is smaller than Ag|s. Thus, the
braking slip and with it the braking force will decrease until it reaches the level Ag|c.

D An increase in wheel load is always followed by a decrease in wheel load which will go
further down than the initial level of wheel load was. This is because the overall
mean value of wheel load must remain constant. If the wheel load decreases from
F,|c by 2 AF, to the level F,|p, the braking force will again decrease immediately
by AFy from Fglc to Fglp. Since the braking force needed still is Fg|c = Fg|a, the
sudden drop in wheel load and braking force is followed by the braking slip, which
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Figure 5.1: Braking force Fg vs. braking slip Ag. Change in braking force and braking slip due
to a change in wheel load, assuming that the braking torque and the p-slip curve are constant.
A typical p-slip curve for a summer tire on a typical road is used. Values for wheel load are
chosen in accordance to the ones found in the testing vehicle, but besides that they are chosen
arbitrary.

will increase from Ag|p back to Ag|a, because the value of braking force is too low
to keep the braking slip at level Ag|p.

A Finally, the wheel load, the braking force, and the braking slip will have established
their initial values in point A again.

The process described is one for an initially increasing wheel load. Now what happens if
this time, starting from B, the wheel load decreases? The braking force will also decrease
by AFg from Fg|g to Fp|a. Again, assuming that the braking torque is kept constant,
the braking force desired for the wheel to be in equilibrium is at the level of Fy|g. This
level cannot be achieved on the line of low wheel load F,|5. Thus, in this case the braking
slip will increase dramatically until either the wheel load is increasing again, the braking
torque is lowered, or the wheel locks.

The question arises how the vertical dynamics and the longitudinal dynamics are con-
nected with each other such that it can be used for controller purposes and how the previous
thoughts can be implemented in a more analytical sense. In section 4.3 the quantity ‘wheel
load integral’ was already introduced. By use of this quantity higher frequencies in the
oscillation of the vertical tire force are neglected. Why is this useful? Looking at the
principle of angular momentum for a wheel, it becomes clear that the wheel’s speed is
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influenced by both the braking force and the braking torque. Both are quantities acting
in the longitudinal direction.

Jw pw = Fprer — Mg (5.14)

Assuming that the braking force and the braking torque are constant, a sudden change
in only the braking force by AFg will lead to also a sudden change in the wheel’s rotational
acceleration Agwy:

JW A(,DW = AFB Teff (515)

Integrating this equation leads to:

Apw = Awy = L [ AR dt (5.16)
Jw
Multiplying with the effective wheel radius r.g leads to the wheel’s speed at the left

hand side of the equation:

2
AUW = AWW Teff = E/AFB dt (517)
Jw

This means that the wheel’s speed, which is directly connected to the braking slip and
with this to the longitudinal dynamics of the vehicle, is influenced by the integral of the
braking force. Changing the braking force by AFpy leads to a change in wheel speed by
Avw which is proportional to the integral of the braking force. This implies that if the
braking force is oscillating with rather high frequencies, this does not affect the wheel
speed.

Recalling that the braking slip is defined as

Ww Tefr
Ux

)\le—

(5.18)

and assuming that the vehicle’s longitudinal velocity v, changes much slower than the
wheel’s velocity?, this leads to the following connection between the change in wheel speed
Avw and the change in braking slip A\g:

_ B | _ww)ren| [ ww(ty) e
Ag = As(ts) — Aa(h) {1 —h } [1 ey ] (5.19)
With
vk (t1) & vi(te) = vy (5.20)

this leads to

Adg = — = - (5.21)

2The longitudinal acceleration of a vehicle on a normal pavement with standard tires is approximately
10m/s?> max. The acceleration of the wheel can be up to 10 times higher. This is due to the large
braking torque which can be applied to brake down the wheel.
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Applying equation 5.17 to equation 5.21 leads to

2
Adg = _J:Vef;,( /AFB dt (5.22)

Thus, the braking slip is connected to the braking force via the braking force’s integral
with respect to time. If a sudden change in braking force is applied, it will be followed by
a change in braking slip with a phase shift of /2.

Now yet another assumption is made: Assuming that a change in wheel load AF, will
lead to a change in braking force of the amount AFp = u AF,, where p is the actual ratio
between braking force and wheel load, and assuming furthermore that p does not change,
equation 5.22 becomes

Adg = —&gﬁ/AF dt (5.23)
B — JW'UX z .

In the same manner equation 5.17 becomes

e
Avyw = Awwy Teg = —QH/AFZ dt (5.24)
Jw

Thus, both the braking slip and the wheel speed, which are quantities of the vehicle’s
longitudinal dynamics, are connected with the vertical dynamics via the integral of wheel
load. This implies that high frequencies in wheel load oscillations do not effect the braking
slip as much as low frequencies do. In Figure 4.6 on page 70 it is shown that for the
quarter-car model of the testing vehicle the integral of wheel load is higher at frequencies
around the body eigenfrequency than at frequencies around the wheel eigenfrequency.

Having this in mind and looking again at equations 5.23 and 5.24, it becomes clear that
the braking slip and the wheel speed are mainly influenced at lower frequencies. This
already holds true if driving on a road with a white noise elevation profile. If the elevation
profile is a more realistic one and decreases with approximately f~!, the influence of low
frequencies on the braking slip and the wheel speed is even more important (refer to
Figure 4.7 on page 71).

In the same manner as it is done in equation 5.23, where Delta Wheel Load is connected
with a change in braking slip, Delta Braking Torque AMpg can be connected with the
change in braking slip as well. Applying the same method as before, it derives that

Teff
Alg = AMg dt 5.25
i JVV Ux / b ( )

5.2.2 Test Drives to Validate the Connection Between Wheel Load
and Braking Force/Braking Slip

Test drives are executed to determine to which amount and in which time frame the switch-
ing of the active shock absorber influences the wheel load and the braking force/braking
slip in real test drives on a real road. The test drives are comparable in their objective to
the test rig trials, where it was also the objective to determine those effects of the switching
in the context of the vertical dynamics (refer to section 4.6).
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In the same manner as in the experiments on the test rig, the vertical dynamics are
investigated by switching the active shock absorber and comparing what would have hap-
pened if it had not been switched with the actual course of wheel load after switching
the shock absorber. The test drives are also meant to determine if equation 5.23 can be
verified with numerical values.

Method and Experimental Setting

To determine those effects it is necessary to produce courses of wheel load, braking force,
and braking slip which are reproducible enough to detect the change in those measur-
ands caused by switching the shock absorber. That is why the cosine-shaped obstacles
introduced in section 3.4.1 are passed, because by passing these obstacles the excitation
is well defined and much stronger than the unforeseeable random excitations from a real
pavement.

The dampers are not controlled by the MiniMax-controller in those test drives, but rather
switched at a defined time from soft to hard and hard to soft respectively, to determine to
which amount and in which time frame the switching of the damper affects the braking slip
and the braking force. It is assumed that an increasing wheel load leads to an increasing
braking force and to a decreasing braking slip, and vice versa.

Figure 5.2 shows the experimental setting for the experiments. The initial velocity is set
to vy = 50 km/h, the gearbox is in second gear. The braking procedure is executed with a
rather low braking pressure of pgac ~ 24 bar. This is far below the usual critical braking
pressure at which the ABS starts to control on standard pavement of pg g ~ 80-100 bar.
The braking pressure is chosen to be such low because an intervention of the ABS during
the test drives would lead to a course of braking force and braking slip which would not
be reproducible anymore, for the ABS—if it controls—does not control at the same time
for every test drive.

Light Driving direction |

barrier \ D .
(P — | w—
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Figure 5.2: Experimental setting for test drives to investigate the switching effect on the wheel
load, on the braking slip and on the braking force. Initial velocity vy = 50 km/h.

I.e., the braking force as well as the braking slip are at a rather low level. But still the
effect of switching the shock absorber can be measured with the experimental setting de-
scribed. At the light barrier reflector Ly the measuring starts, at L; the braking procedure
is initiated, at Lo the front wheels of the vehicle touch the cosine wave for the first time,
at L, the front wheels are on top of the cosine waves, and at Lg the front wheels leave the
cosine waves.
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5.2 Connecting Wheel Load and Braking Slip/Braking Force

The switching of the shock absorbers of the front axle is set to a point at which they
are either clearly in compression or clearly in rebound. This is shortly after touching the
cosine waves for the first time and shortly after leaving the summit of the cosine waves.
Passing the light barrier reflector Ly makes the shock absorbers of the front axle switch
when they are in compression, and passing Ly initiates a switching within rebound. The
shock absorbers of the rear axle are set to hard for all of those test drives.

Braking force and wheel load are measured by means of the measuring rim described in
section 3.2.3.

Results

Figure 5.3 shows the effect of switching the active shock absorber of the front left wheel on
the braking slip, the braking force, and on the wheel load. The same stages as theoretically
described in section 5.2.1 can be seen in this time plot of real test drives.
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Figure 5.3: Course of Delta Braking Slip, Delta Braking Force, and Delta Wheel Load due to
switching the shock absorber of the front axle in rebound from hard to soft when passing the
cosine waves.

In point A the wheel load starts to increase because of the switching from hard to soft
in rebound. The braking force follows at the same time. At first nothing happens to the
braking slip, it stays constant (Delta Braking Slip A)g ¢ approximately zero).

It is at point B, where the Delta Braking Force reaches its maximum, that the braking
slip starts to decrease until point C is reached.

At point C the braking force finds back to its initial value, the Delta Braking Force
is zero. Recalling the argumentation of section 5.2.1 shows that this is exactly what is
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expected to happen. It is first the braking force which changes before the braking slip
follows. Between points C and D the braking force decreases while the braking slip stays
approximately constant.

In point D, after passing the Total Effect Time %o, when the Delta Wheel Load is
actually negative, the slip starts to increase again. This is the behavior which was predicted
by the theoretical considerations.

The change in braking slip is rather small, because in the experiment given the braking
pressure is applied at a low level. At the maximum of the p-slip curve the same amount
of change in wheel load leads to greater changes in braking slip, because there the slope of
the p-slip curve is smaller.

Similar to the Effect Time, the Total Effect Time, and the Total Effect Magnitude,
which were defined in equations 4.45, 4.46, and 4.48 on page 87, those quantities can be
calculated for the given experimental setting as well. In Table 5.1 those quantities are
given for all four possibilities of switching, referring to the wheel load influence matrix in
Table 4.1 on page 64. Beside the measurand A, which values the vertical dynamics,
the measurand E, o is introduced. This measurand is the integral of Delta Braking Force
with respect to time from the time of switching the shock absorber t5 to the time when
Delta Braking Force is zero again. The definition of E, o is therefore similar to the one
of Aetot, but it is a measurand of the longitudinal dynamics.

Table 5.1: Effect Time, Total Effect Time, and Total Effect Magnitude for passing the cosine
waves and switching the shock absorber.

| | Compression | Rebound |
te te,tot Ae,tot Ee,tot te te,tot Ae,tot Ee,tot

hard to soft 14ms | 60ms | —23Ns| —8Ns || 12ms | 8 ms | +40Ns| +10Ns

soft to hard 11lms | 61lms | +19Ns| +6Ns || 11ms | 89 ms | —41 Ns| —11 Ns

Comparing Table 5.1 with the results in section 4.6, it can be seen that the Effect Time ¢,
is shorter in the given experimental setting than it is in the test rig experiments described in
section 4.6. An explanation for this behavior could be that the wheel load here is measured
by means of the 6-component measuring rim, whereas in the test rig experiments the wheel
load was measured directly in the tire contact zone. Since the damper force acts directly
at the measuring rim, but needs to be transferred by the tire into actual wheel load, in the
very beginning of the switching process it is supposably more the damper force than the
wheel load which the measuring rim measures.

As was shown in section 3.2.3, the time delay A7p, between force measured by the
measuring rim, Fy iy, and the actual wheel load F}, is approximately 5ms. Thus, part of
the shorter Effect Time can be explained by this time delay. The other part of the shorter
Effect Time can be explained by the fact that the damper velocity at the time of switching
is rather high. There is a tendency that a higher damper velocity at time of switching
leads to a shorter Effect Time (refer to Figure 4.23 on page 96).

Comparing the results shown in Figure 5.3 to values that can be calculated from the
theoretical approach in section 5.2.1 shows that the main assumption, that the change in
braking slip is connected to the integral of wheel load, holds true—not only qualitative but
also quantitative. Applying the parameters from Table 3.1 on page 40 to equation 5.23,
taking the value for the Delta Wheel Load Integral as the Total Effect Magnitude A ;o from
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Table 5.1, and realizing that the friction factor p & 0.37 (this value can be approximated
best by looking at Figure 5.5) for the test drives looked at leads to:

0.37 - (0.304 m)>
6.3kgm? - 46 km/h

A)p ~ — 40Ns ~ —-1.7% (5.26)

This value of AA\g ~ —1.7 %, determined by rough calculation, reflects well what actually
can be measured in reality. The course of Delta Braking Slip starts to decrease at point
C and reaches minimum values between approximately —1% and —1.7%. Thus, the
theoretical thoughts which have been made with respect to the connection of change in
wheel load and following change in braking slip can be justified.

Doing the same calculus using directly the Effect Magnitude of the Delta Braking Force
FEetot (refer to Table 5.1) by making use of equation 5.22 on page 117 leads to:

(0.304 m)?
6.3kgm? - 46 km/h

A)p ~ — 10Ns ~ —1.1 %, (5.27)
which is a good approximation of the quasi-stationary value for the braking slip around
time f¢ 1o, in Figure 5.3.

In Figure 5.4 the courses of Delta Braking Slip, Delta Braking Force, and Delta Wheel
Load are shown which establish after switching the shock absorber of the front left in
rebound from soft to hard. Switching the shock absorber from soft to hard in rebound
leads to a decrease in wheel load.
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Figure 5.4: Course of Delta Braking Slip, Delta Braking Force, and Delta Wheel Load due to
switching the shock absorber of the front axle in rebound from soft to hard when passing the
cosine waves.
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Thus, the chronology of events starts at point C shown in Figure 5.1. When the wheel
load starts to decrease in point C, the braking force also decreases with almost no time
delay, the braking slip remains unchanged. In point D the braking force is at its minimum
and starts to increase again. In point A it reaches its old value again. This is what could
be seen by theoretical considerations as well. Between points D and A the braking slip
increases because the same amount of braking force is needed as it was before the switching
occurred, but with less wheel load provided. The then following increase in wheel load
also lets the braking force increase until point B is reached. Between points A and B the
braking slip remains approximately constant—as predicted by theoretical thoughts.

Again, comparing the numerical values of this switching process—which are basically the
same as in the previously described switching process shown in Figure 5.3—shows that the
change in braking slip can be predicted by numerical analysis (numerical A\g ~ +1.7%
for wheel load integral analysis and Al ~ +1.3% for braking force analysis, measuring
between +1% and +1.7%).

Both Figure 5.3 and Figure 5.4 show that the switching of the shock absorber not only
influences the wheel load in a way which can be used for a controller, but also influences
the braking slip and the braking force such that it can be made use of, because the course
of those quantities can be predicted.

Furthermore, the assumption that the change in braking slip is connected to the integral
of the change in wheel load can be verified. Applying numerical values shows that the
values for the calculated and the measured braking slip lie in the same dimension.

Figure 5.5 shows the change in braking force AFg vs. the change in wheel load AF, for
all four sections of the Wheel Load Influence Matrix. It can be seen that increasing the
wheel load leads to an increasing braking force and vice versa. It can furthermore be seen
that the braking force follows the wheel load with almost no time delay. Furthermore, the
ratio between AFy and AF,, which is defined as the friction coefficient p, is approximately
constant in the first couple of milliseconds after switching the shock absorber. The value for
the friction coefficient can be estimated from the given figure. E. g., for switching from hard
to soft in rebound, the Delta Braking Force after 30 ms is approximately 300 N, whereas
the Delta Wheel Load at this time has a value of 800 N. Thus, the friction coefficient in
this situation is g ~ 300/800 = 0.375.
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Figure 5.5: Delta Braking Force vs. Delta Wheel Load at the front left wheel, switching the
shock absorbers when passing the cosine waves. Measuring executed with the 6-component
measuring rim.

5.3 Slip Controller

Designing the control mechanism for the active shock absorbers to reduce the braking
distance, three questions need to be answered: Due to the fact that the braking distance
dg in its dependency on the vertical dynamics of a vehicle cannot be written down in a
closed form and therefore cannot be determined analytically, the quantity which ought to
be influenced by the control of the active shock absorbers needs to be defined. It must be
a quantity of which one knows that influencing it will also influence the braking distance
in the wished manner. So the question is: Which quantity should be controlled in order
to reduce the braking distance? The second question deals with measuring the control
variable. Assuming that it cannot be measured directly, which quantity should then be
taken to act as measurand? The third and last question deals with the means that should
be used to influence the quantity previously described. In this thesis the means are the
vertical dynamics of the car, more precisely active shock absorbers. Are active shock
absorbers capable of fulfilling the control objective in terms of time behavior and in terms
of magnitude of the influence they have on the control variable?

The first question was already answered implicitly in section 2.2 when braking at the
optimal braking slip was detected as one crucial aspect in order to reduce the braking
distance. Thus, the braking slip is the variable which serves as control variable. Keeping
it at its optimal value throughout the braking procedure will shorten the braking distance.
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The problem with the braking slip is the following: Once it reaches values which should be
controlled, i.e. if the braking slip exceeds a given threshold, it is usually already too late
to control the braking slip, because the ABS-controller will have reacted on the high slip
value by then. But once the ABS-controller decreases the braking pressure, it does not
make much sense to increase the wheel load in order to reduce the braking slip anymore.

The wheel-load controller should increase wheel load if and only if braking slip increases
induced by values of wheel load that are too small. If braking slip increases induced by a
braking torque which is too large, the wheel-load controller should not act, because such
shoots in braking slip cannot be prevented by the vertical dynamics anyway.

This is why a substitute control variable is needed. The connection between wheel load
integral and braking slip has already been established in section 5.2. There it is shown
that a change in wheel load integral will eventually lead to a change in braking slip. This
was also verified in test drives on the cosine waves in section 5.2.2. Thus, the wheel load
integral is used as measurand and as substitute control variable. It serves as input for the
controller. If it is too negative, the braking slip is assumed to increase soon. In this case
the request of wheel load would be to increase wheel load.

This leads to the answer of the third question: The means by which the control variable—
or better, the substitute control variable—shall be influenced is the MiniMax-controller
with which wheel load can be increased or decreased purposefully.

The controller works independently for each wheel. A connection between the oscillations
of two wheels at an axle or between front and rear axle is not implemented in the controller.
For the axles this is because a switching process at the rear axle has a very low influence
on the wheel load at the front axle and vice versa. This has been investigated in test rig
experiments. Thus, it is not necessary to use oscillation information of one axle to control
the other.

Now even though switching the shock absorbers at one track changes the course of wheel
load at the other track, still there is no connection implemented in the controller. Why not?
The problem with this interaction of one side and the other is, that it is quite arbitrary. One
never knows what will happen at for example the left side if a shock absorber of the right
side is switched. It can either cause an increase or a decrease in wheel load, depending on
the current damper velocity of the non-switched side and on the course which the following
damper velocity will take. This again depends strongly on the pavement which cannot be
foreseen. This holds true for the switched side as well, but there the decision to switch or
not to switch is based on the damper velocity and on a threshold for the damper velocity.
So one can be quite sure that the wheel load actually will do what it is supposed to do:
either increase or decrease, depending on F), ;eq.

Figure 5.6 shows the principle of the controller which is implemented in the testing
vehicle. The dynamic wheel load is integrated, and divided by the longitudinal velocity vy
it delivers the decision basis for the request of wheel load. By dividing with vy the wheel
load integral is brought from the level of braking slip Ag to the level of velocity difference
Vdiff -

For the reasoning of the previous sections a negative wheel load is assumed to cause an
increase in braking slip respectively in velocity difference. This increase again should be
prevented by increasing wheel load (Feq = +1).

Thus, a threshold a is introduced such that the request of wheel load F),.q = —1 if
the wheel load integral divided by the longitudinal velocity FI/vy > a, and F,,q = +1
if FI/v, < a. This threshold is chosen to be negative, because a strongly negative wheel
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Figure 5.6: Principle of the controller used to reduce the braking distance.

load integral leads to a strong increase in braking slip. On the contrary, if the wheel load
integral is strongly positiv, it does not cause a decrease in braking slip by the same amount,
since the lower limit for the braking slip lies at value zero and the optimal braking slip is
closer to zero than to one. Starting from e.g. 10 %, the braking slip can be increased by
e.g. 30%, but it cannot be decreased by this amount. Caused by this fact the function
from which the request of wheel load derives looks asymmetrical (a # 0).

Furthermore, by choosing a < 0 it is prevented that the controller’s output changes
between F),..q = —1 and F,,eq = +1 rapidly if the wheel load integral oscillates around
zero. Only if the wheel load integral is strongly negative an intervention should follow. For
all other values of FI, where FI /vy > a, the request of wheel load is F, ey = —1, since by
using this artificial characteristic line, potential to increase wheel load is established. Due
to the lowering of the vehicle’s body if F), ;oq = —1, the effect on the course of wheel load
when switching to F}, ;eq = +1 will be greater if there is a harsh transition from £}, ;oq = —1
to F,req = +1 and if it is switched only if really needed, i.e. if the wheel load integral is
strongly negative.

The analytical representation of a is the following:

Jw AN
K Teg

The best value for a was determined empirically in preliminary tests. In second gear and
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for a wheel of the front axle it has a numerical value of af = —1.9kg. For a wheel of the
rear axle a, = —0.3kg. Both values correspond to a Delta Braking Slip of approximately

3%.

5.3.1 Demands on the Actuator in the Time Frame

There are two aspects in which demands on the controller derive from the previously de-
scribed aspects: The effect on wheel load needs to establish fast enough and its magnitude
needs to be high enough to be able to influence the rotational dynamics of the wheel no-
ticeably. To determine the actual values for both the demand on time and on magnitude
level, calculations for a worst-case scenario shall be executed.

Assuming that the vehicle drives at a given speed v, and is braked such that the braking
torque Mp and braking force times the effective radius Fgreg at a wheel are in balance
(a situation which cannot occur stationary, but nevertheless shall be used for a thought
experiment), which means that this wheel is not decelerated. Assuming furthermore that
the wheel load and with it the braking force will drop from its given value to zero from
one time step to the other for whatever reason, the wheel will then be decelerated with
the torque —Mp = Fgreg. The time it would take for the wheel to lock if this worst case
happened is defined as 4.

With

Pwo = = (5.29)
Teff

and using equation 5.14 on page 116 this braking down of the wheel is governed by the

following equation.

FB Teff
Jw

At time ¢t = to the wheel locks, the angular velocity ¢w(t = toc) is therefore zero,
which leads to:

Pw(t) = Pwo — t (5.30)

w0 Jw _ % Jw
FB Teff FB Tgﬂc
Assuming that the vehicle is braking at vy = 70km/h or v, = 100km/h, that Fp ~

F, ~ 5000 N for ;x = 1, and using the set of parameters from Table 3.1 on page 40 for the
front left wheel leads to the values for ¢, that are shown in Table 5.2.

(5.31)

tiock =

Table 5.2: Time ¢, that it takes for the wheel to lock in the worst case.

Gear
neutral ‘ third ‘ second
vy = 70km/h tock = DD ms tioek = 130 ms tiock = 265 ms
Vx = 100 km/h tlock = 78 ms tlock = 185 ms tlock = 380 ms

Comparing those times for the wheel to lock in the worst case with the Effect Times
in Figure 4.23 on page 96 shows that the proposed approach to use the switching effect
of the shock absorber to influence the course of wheel load is admissible in the sense that
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5.4 Reducing the Braking Distance

the effect in the most cases comes at least by a factor two earlier than in the worst case
it would take for the wheel to lock. The effect is therefore suitable to prevent the wheel
from locking.

5.3.2 Demands on the Actuator in the Magnitude Frame

It infers from the test rig experiments of section 4.6 and from the test drives of section 5.2.2
that the MiniMax-controller is capable of influencing the wheel load in the proper magni-
tude frame. The average Total Effect Magnitude of approximately 40 Ns at low frequencies
(refer to Figure 4.24) applied at a wheel of the front axle at 70km/h and in second gear
leads to a slip change of approximately 3 %. For the rear axle, where the mass moment of
inertia of the wheel and the Effect Magnitude are smaller, this value lies at approximately
10 %. The smaller the velocity of the car, the bigger the change in braking slip which can
be caused by switching the shock absorber. Both values show that the shock absorbers are
capable of acting as actuator in this context for the following reasoning;:

If the ABS-controller is active and ppgs = —1 because the braking slip is too high, the
braking pressure usually decreases with Apg ~ —20 bar (refer to Figure 5.8) and is held at
the lower level between 50-200ms. This means that, applying the values from Table 3.1
on page 40 to equation 5.25 on page 117, such an intervention by the ABS at 70km/h in
second gear and for standard conditions leads to a change in braking slip for a wheel at the
front axle of approximately 12 %. For the rear axle this value is approximately 33 %. Both
values are calculated for a persistence of braking pressure reduction of 100 ms, because the
average Total Effect Time o101 at low frequencies lies at approximately 100 ms as well.

Thus, for the given states, the intervention in the vertical dynamics by switching the
active shock absorbers causes a quarter to a third of the effect which the intervention in
the longitudinal dynamics by the ABS has. Considering that the effect of switching the
shock absorber can even be increased by switching from one artificial line to another, this
implies that the shock absorber controller is capable of significantly supporting the ABS.

5.4 Reducing the Braking Distance

In this section the experiments which are executed to determine if it is possible to reduce
the braking distance by means of active shock absorbers are described. The hypothesis Hy
ought to be falsified if it was possible to reduce the braking distance. This hypothesis Hy
and its alternative hypothesis H; are:

Hy: It is not possible to reduce the braking distance significantly by means of control of
active shock absorbers compared to the best passive damper setting out of hard or
soft.

H;: It is possible to reduce the braking distance significantly by means of control of active
shock absorbers compared to the best passive damper setting out of hard or soft.
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5 Longitudinal Dynamics

5.4.1 Experimental Setting

The experimental setting for the test drives which are meant to determine the reduction
of braking distance by means of the active shock absorbers is the following: There are
always at least two light barrier reflectors, one of which initiates the measuring of the
test drive, the other one initiates the braking procedure. Those two reflectors (L, and
L; in Figure 5.7) stand in a distance of Asy g = 5m. By having them positioned in a
defined distance, it is possible to verify the signal of the Correvit-sensor (refer to Table 3.2
on page 43) which measures the longitudinal velocity. The integral of the velocity signal
between Ly and L; must be five meters. If it is not, the velocity signal is corrected by an
correction factor.

A As . o=5
20 Light barrier reflectors (L to L) oL -< L0 m
Lo Lg L, Lg Ls L, Ls L, L L,
X X

\ Light

barrier

SR

Driving direction

Figure 5.7: Test setup for determining the braking distance. The ABS-braking process is
initiated by passing either of the light barrier reflectors from L or higher. It takes approximately
200 ms for the braking machine used to increase the braking pressure to its maximum level.
Passing L starts the measuring system.

The light barrier reflectors are used for three reasons: First of all, to be able to calibrate
the Correvit-sensor off-line.

Secondly, to initiate the braking procedure by the braking machine. This automat
reaches the threshold pgpp with a maximal deviation of +/ — 5ms. This ensures that
the braking distance is not influenced by the differing application of braking pressure from
braking procedure to braking procedure by a human being.

Thirdly, the reflectors are used to make sure the braking process will take place at the
same pavement for every test drive which should be compared. Since the elevation profile
at which the braking is executed has a strong impact on the braking distance, this is an
important point to determine if and how strongly braking distances are reproducible if
every parameter which can be kept constant is kept constant. Two test drives which are
executed at two completely different places (e.g. a pothole and a bump) can hardly be
compared with each other.

However, even braking at the very same position does not make the braking procedure
such reproducible that the variance of braking distances for test drives with the same
parameters is smaller than the expected braking distance reduction. The braking distances
are distributed stochastically, even if every parameter which can be kept constant is in fact
kept constant.

Thus, to be able to gain information about the quality of the shock absorber controller,
following method is used: Test drives whose results should be compared are always the
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5.4 Reducing the Braking Distance

ones which are executed for as many constant parameters as possible. Furthermore, they
are executed within a short time frame of only a couple of hours, such that the effect of
slowly varying parameters (refer to section 2.2.2) can be neglected.

Comparable test drives are always executed in a defined order: hard—soft—controlled1—
controlled2—controlled3. This means that it is always a test drive with hard damping,
followed by one with soft damping, followed by a maximum of three test drives with differ-
ing controller settings. Within such a block of comparison all long run varying parameters
(refer to Table 2.1) are constant, the ones that vary in the short run and the ones that
vary in the medium-term run are kept as constant as possible. To illustrate how it is made
to actually keep the parameters constant, a checklist of a braking procedure is shown:

1 Second gear for v{% = 70 km/h
2 Placing the light barrier reflectors

3 Adjusting the cruise control to vgfg

4 Warming-up braking procedures with v{% until Tg(¢gr) is constant
5 Starting the real, measurable braking procedures

6 Decoupling the clutch at an engine speed of 1,000 rpm by foot

7 After each braking procedure the same route is taken to start the next procedure in
order to always have the same amount of cooling down of the tires and brakes

8 Frequency of test drives execution is constant, no breaks in between the braking
procedures

Standard Setting

The standard setting for all test drives is the following:

‘Standard Road’

Tire inflation pressure: pt = 2.3 bar

Road condition: dry

Initial velocity: v{% = 70km/h

5.4.2 Results for Uncontrolled Shock Absorbers

In Figure 5.8 a braking procedure is shown for soft shock absorbers exemplarily. The
measurands which are presented are the ones that are most relevant for the braking proce-
dure, either because they are inputs to the controller or because they explain the braking
behavior.

The begin and the end of braking tgg and ¢gg are marked in every plot via circles.

It can be seen that there are three major drops in wheel speed during the braking
procedure, which correspond to shoots in both braking slip and velocity difference. The
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ABS-controller handles these shoots in braking slip with adjusting the braking pressure of
the front left wheel to a level at which the braking slip does not increase anymore.

Especially for the third shoot in braking slip it can be seen that there is a close connection
between wheel load integral and braking slip. It is at ¢ ~ 1s that the braking slip starts
to increase even though the braking pressure is decreasing. This is caused by the fact that
the wheel load integral is strongly negative at this point in time.

The braking pressure of the main cylinder pg yc is increasing after the braking machine
is triggered. The braking pressure of the front left wheel pg s follows and is limited by the
ABS if the braking slip becomes too high. The main cylinder’s braking pressure is kept
between 100 and 160 bar during the whole braking procedure by the braking machine,
while the front wheels’ braking pressure never exceeds 120 bar.

Furthermore, the figure shows that the wheel load integral strongly correlates with the
pitching movement of the vehicle. Every time the vehicle pitches forward (the spring
displacement sg g of the front left wheel is negative), the wheel load integral is positive. On
the contrary, if the vehicle pitches backwards (ss ¢ > 0), the wheel load integral is negative.
This shows once again that the low-frequency body movements have the strongest influence
on the wheel load integral. High-frequency wheel oscillations can be found in its signal,
but they do not affect its positiveness or negativeness. For a strongly positive wheel load
integral (which occurs two times), the braking slip is decreased down close to zero.

The boolean signals damper current I, ABS-signal pagpsn, and request of wheel load
F, 1eqn are also shown in Figure 5.8. The damper current is set to a constant value of
In; = 1.6 A, for the test drive shown is executed with soft damping. Thus, F, .qn does
not influence the damper current as it does in the controlled case. Nevertheless, F}, req 1 is
the same as it would be if the shock absorber was controlled.

The course of F, ¢ demonstrates the principle function of the controller. Shortly after
the initiation of the braking procedure the wheel load integral increases and the request of
wheel load is set to F}eq1 = —1. The first shoot in braking slip is thus not caused by a
wheel load integral which is too negative, but it is rather caused by the braking pressure
which is above the level that can be supported by the braking force. The request of wheel
load to decrease leads to a lowering of the vehicle’s body which produces the potential to
increase wheel load at the right time.

Around ¢t = 1s, the wheel load integral decreases, mainly due to the fact that the
vehicle’s body is pitching backwards. It is there that the request of wheel load is switched
from ‘decrease’ to ‘increase’ to prevent a strong shoot in braking slip caused by the too
negative wheel load integral. When the wheel load integral rises again, the request of wheel
load is switched back to ‘decrease’ to generate the potential of a sudden increase in wheel
load again.

Summarizing, from Figure 5.8 infers that there is a strong correlation between pitching
and wheel load integral, and via this between pitching and braking slip. Similar to the
explanation given in chapter 4, this is the demand side of the problem. The wheel load
integral and with it the braking slip are the quantities which ought to be controlled, and
they are influenced mainly by low-frequency oscillations of the vehicle’s body.
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Figure 5.8: Braking procedure for soft shock absorbers. Initial velocity vgfos = 70km/h, test
drive executed on the first part of the test track ‘Standard Road'.
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Frequency Analysis

In Figure 5.9 the frequency spectrum of the damper velocity for hard and soft damping
during full braking out of an initial velocity of 70 km/h is shown. It can be seen that the
highest amplitudes of the damper velocity lie at frequencies below approximately 5 Hz.
Higher frequencies do not play a role when the car is braking, because the pitching of
the body dominates all other excitations. With respect to the movement of the shock
absorbers the excitations from the wheels, which happen at frequencies above 10 Hz, are
not as relevant as the low-frequency body movements.
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Figure 5.9: Full-braking procedures for initial velocity u;;‘f; = 70km/h. Frequency spectrum of
the damper velocity for 35 test drives with hard damping and 35 test drives with soft damping
respectively. Test drives executed on several different spots of the ‘Standard Road’.

The dimension of amplitudes is lower for hard than for soft damping, but the conclusion
that the wheel oscillations are not as relevant as the body oscillations is the same for both.
Figure 5.9 shows the supply side of the problem. The shock absorber can only have a
strong effect on the course of wheel load if the damper velocity is high. Thus, it is at
frequencies below approximately 5Hz that the largest effect can be gained. This is the
same frequency-band which infers from the demand side derived from Figure 5.8. Again,
the supply and the demand side fit together with respect to their frequency-bands.

5.4.3 Results for Controlled Shock Absorbers

A total of three times 35 test drives (35 hard, 35 soft, 35 controlled) were executed with
the standard settings which can be compared with respect to the braking distances. The
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number of test drives was chosen such that even facing a high deviation a statistical ensured
conclusion can be drawn.

To demonstrate the stochastic distribution of braking distances, Figure 5.10 shows the
results for three times 15 test drives. Those were executed in the order shown in the figure
on the same day. For every block of three braking distances (‘hard’, ‘soft’, and ‘controlled’)
the braking procedures were executed at the very same initial braking position and on the
same pavement. It can be seen that even in this case, where all possible parameters are kept
constant, there is a high deviation of braking distances. There is no specific order of hard,
soft, and controlled damping visible. But it can be seen that the average braking distance
for controlled damping is smaller than for both passive damper settings. Computing the
average value shows that it is almost by 2 % that the braking distance is shortened by the
control of the active shock absorbers.
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Figure 5.10: Braking distances for hard, soft, and controlled damping for an initial velocity of
vgf(f = 70km/h, test drives executed on a dry pavement with a standard roughness.

In Figure 5.11 the results of braking tests are shown which are executed on randomly
chosen parts of the airfield where the testing track ‘Standard Road’ is located. The pave-
ment structure and the unevenness is comparable to the one described in section 3.4.2.
The plot shows the cumulative percentage of braking distances and ought to be read ex-
emplarily for controlled damping in the following manner: In 45 % of all controlled braking
procedures the braking distance is 18.25m or shorter. The figure shows that the average
braking distance which is obtained with the controlled damping is shorter than the ones
for hard and soft damping. The average is shorter by 0.25m. This means that on an
averaging level the braking distance can be reduced by the given controller by 1.3 %.
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Figure 5.11: Braking distances for hard, soft, and controlled damping for an initial velocity of
vffos = 70km/h, test drives executed on a dry pavement with a standard roughness.

Furthermore, the standard deviation of braking distance for the controlled test drives is
smaller than for the two passive damper settings. There is no outlier in case of controlled
damping as it is the case for both hard and soft damping. This means that not only the
braking distance is shorter, but also the predictability of the braking distance is better
for controlled shock absorbers. This could be due to the fact that in case of controlled
shock absorbers those can adapt to changing pavement conditions, whereas the two passive
damper settings cannot.

Figure 5.12 shows the cumulative percentage of VI for the three times 35 braking pro-
cedures described previously. Recalling that the lower VI, the lower a possible damage in
case of an unpreventable crash, it can be seen that soft and controlled damping both lead
to better results than hard damping. On an averaged level controlled dampers are even
slightly better than soft dampers. In addition to the results with respect to the braking
distance this shows another positive aspect of the shock absorber controller. It does not
only decrease the braking distance dg, but it also improves the quality of the braking
distance in terms of a lower VT.

The benefit of the shock absorber controller lies in the fact that it combines the ad-
vantages of both hard and soft damping. Even though hard damping leads to a shorter
braking distance, soft damping is better in terms of VI. If one of the two passive settings
must be chosen, it first has to be decided if a shorter braking distance or a lower VI is
the goal. For controlled damping, this trade-off does not need to be handled. Here the
controlled damper lead to the best result with respect to both measurands, dg and VI.
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Figure 5.12: Integral of the square of the longitudinal velocity with respect to the travel
distance VT for hard, soft, and controlled damping for an initial velocity of v{% = 70km/h,
test drives executed on a dry pavement with a standard roughness.
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Test on Normal Distribution of the Braking Distance

In order to be able to apply tools from statistics, most of the time it is necessary, or
at least it makes considerations easier, if a standard distribution of the main population
can be assumed. Figure 5.13 contains the same results as Figure 5.11, but here they are
plotted in a slightly different way. They are plotted such that if the respective quantity
follows a normal distribution, it lies on a straight line. This optimal line is also shown in
the figure for every damper setting. Already by inspection it can be seen that for every
damper setting the respective sample seems to follow a normal distribution very well. To
make this inspection more quantifiable, a so called chi-square test to check for normal
distribution is executed?.
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Figure 5.13: Test on Gaussian distribution for hard, soft, and controlled damping.

This chi-square test leads to the result that for all three damper settings on a level of
significance of ax = 0.05 the hypothesis of a normal distribution cannot be abolished. It is
thus assumed that for every braking procedure with the maximum number of parameters
kept constant a normal distribution establishes for the braking distances.

Test on Equality of Expected Values of the Braking Distance

Now that the three braking distance samples ‘hard’, ‘soft’, and ‘controlled’ are statistically
verified to be normal distributed, they can be tested on the equality of their expected

3Schwarze /Fuskova/Kunitz (2004): Statistik — Grundkurs, Kurseinheit 12: Spezielle Testverfahren pp. 38—
40.
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values*. In one form of this test the hypothesis is formed that the expected value of one
main population is greater than the expected value of another main population. It is then
tried to falsify this hypothesis by the test procedure. In the given case, the hypothesis
is that the expected value of braking distance for hard (soft) damping is smaller or equal
than the expected value for controlled damping. This hypothesis can be falsified on a level
of significance of v = 0.005 for the comparison of hard and controlled damping. For soft
and controlled damping it can be falsified on a level of significance of even o = 0.001.

These numbers mean that with a probability of 99.5% the expected value of braking
distance for controlled damping is smaller than the one for hard damping, and with a
probability of 99.9 % it is smaller than the one for soft damping.

The same test can be undertaken not only to check on equality of expected values but
to check on the difference in expected values. Doing this leads to the following result:

On a level of significance of e = 0.05, this means with a probability of 95 %, the braking
distance for controlled damping is by at least 10 cm shorter than for hard damping, and
by at least 20 cm shorter than for soft damping. Both results are statistically significant.
Thus, it could be shown that it is indeed possible to shorten the braking by means of active
shock absorbers. The hypothesis Hy on page 127 is therefore falsified and the alternative
hypothesis H; is assumed to be true. Even though the reduction in braking distance is
shown for only one standard setting, it is sufficient to falsify the hypothesis Hy. It is
possible that by choosing another kind of seismic excitation the reduction will not be
significant anymore. It is also possible that it is even more significant on other pavements.
However, the fact that a reduction of braking distance is possible by means of active shock
absorbers has been proven with the method described. It is the first time that this has
been done and published on experimental level.

Explanatory Approach

In Figure 5.14 the cumulative percentage is plotted for different values of the longitudinal
velocity. Thus, the development of ‘local braking distances’ during the braking procedure
can be followed. Snapshots of traveled distances at given longitudinal velocities are taken.
The figure reads in the following manner: When the given velocity of e.g. 50km/h is
reached, the average traveled distance is smallest for soft damping, followed by controlled
and hard damping. This advantage of soft dampers at the beginning of the braking pro-
cedure is lost from there on until at v, = 3km/h the braking procedure is defined to be
finished. Here the cumulative percentage is the same as the one shown in Figure 5.11.

In Figure 5.15 a similar plot is shown. The difference is that here snapshots of longitu-
dinal velocity at given traveled distances are taken. E.g. it infers from the figure that at
8m after the initiation of the braking procedure the lowest average longitudinal velocity
is reached for soft dampers. Four meters later, at 12m, the controlled setting has already
passed the soft one.

It infers from Figures 5.14 and 5.15 that soft shock absorbers lead to better results during
the beginning of the braking procedure, but that this advantage is overcompensated in the
middle and at the end of the braking procedure, such that soft damping leads to the worst
results with respect to the braking distance.

This also explains why the measurand VI is better for soft than for hard damping. If the

4Weber (1992): Einfiihrung in die Wahrscheinlichkeitsrechnung und Statistik fiir Ingenieure pp. 305-312.
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braking procedure is good in the sense of a large amount of dissipated kinetic energy, it is
also good in the sense of a lowered VI. A decreased velocity during the beginning of the
braking procedure is therefore valued highly when calculating VI, and thus soft damping
is better here than hard damping.

But why is it that for soft damping the kinetic energy is dissipated by a great amount at
the beginning of the braking procedure, but at later times this advantage of the beginning
is even overcompensated? It is caused by the fact that for soft damping the first pitching of
the vehicle’s body is much stronger than for hard damping. Thus, the wheel load integral
is also more positive for soft damping in the beginning of the braking procedure. And
an increased wheel load integral again causes higher longitudinal forces—namely braking
forces—which decelerate the vehicle.

This overshoot in wheel load integral for soft damping at the beginning of the braking
procedure is shown in Figure 5.16. Here the courses of wheel load integral for hard, soft,
and controlled damping have been averaged for 15 braking procedures each. It can be
seen that between 0.2 and 0.4s after the begin of braking the wheel load integral for soft
damping is much larger than for hard damping. This is also the time during which the
dissipation of kinetic energy works better for soft then for hard damping. The overshoot
in wheel load integral during the beginning of the braking has to be ‘paid’ with a strong
drop between 0.4 and 0.8 ms. This drop leads to the worsening of soft damping compared
to hard and controlled in Figures 5.14 and 5.15.
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Figure 5.16: Course of averaged wheel load integral FI for hard, soft, and controlled shock
absorbers with respect to time for 15 test drives each. Initial velocity v3% = 70km/h.
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5.5 Conclusions

The controller can combine the advantages of hard and soft damping. During the be-
ginning of the braking there is an overshoot in wheel load integral. Not as strong as for
soft damping, but stronger than for hard damping. For controlled damping this overshoot
does not have to be ‘paid’ with a drop in wheel load integral as drastic as for soft damping.
The course of wheel load integral is smoothed by the shock absorber controller.

Correlation Between Braking Distance and Other Measurands

Table 5.3 shows the correlation coefficient for the RMS on dynamic wheel load, weighted
with the vehicle speed and the braking distance, as well as the correlation coefficient
for the RMS on velocity difference (which is in fact the braking slip, weighted with the
vehicle speed) and the braking distance—both for all three damper settings. Surprisingly,
the correlation differs for changing damping by quite a lot. In case of hard damping
the correlation between RMS on wheel load and braking distance is rather high, for soft
and controlled damping this does not hold true. This could be because in case of hard
damping the connection between wheel and body is much stronger than for soft damping
and therefore the dominating body oscillations can be found in a higher amount in the
wheel and the wheel load. This is a topic for further inspection.

Table 5.3: Correlation coefficients and RMS on velocity weighted wheel load and on velocity
difference for hard, soft, and controlled damping. ‘Standard road’, dry, vy = 70 km/h.

Damper setting H PFY% 4 dp core Poaiiirdpcon | Lot ‘ Udiff eff

hard 0.54 0.63 682N 6.5 km/h
soft 0.17 0.41 776 N 6.3km/h
controlled 0.07 0.47 687N 5.8 km/h

It can also be seen that the correlation between braking distance and RMS on velocity
difference is higher than the one between braking distance and RMS on wheel load for every
damper setting. I.e., beside the RMS on wheel load the quality of the braking procedure
can be measured better in terms of velocity difference. Due to the very low correlation
there, especially for soft damping, the RMS on wheel load is not feasible to measure the
safety.

Furthermore, a very interesting inspection: The slip controller reduces the slip oscil-
lations. The mean value of RMS on velocity difference over all braking procedures is
significantly lower for controlled damping than it is for hard or soft damping. This shows
that it is indeed possible to purposefully influence the course of braking slip by a wheel-load
controller which acts on the vertical dynamics.

5.5 Conclusions

In this chapter the connection between the vertical and the longitudinal dynamics was
established. In a theoretical approach the integral of wheel load was determined as the
connecting quantity between vertical and longitudinal dynamics. From this infers that
high-frequency oscillations of the wheel load signal in the range of the wheel eigenfrequency
do not affect the course of braking slip as much as low-frequency oscillations in the range
of the body eigenfrequency do. Thus, the RMS on wheel load alone, which values the parts
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5 Longitudinal Dynamics

of the wheel load signal that hold high frequencies in the same proportion as those parts
that hold low frequencies, is not a sufficient measurand to determine the riding safety.

Extending the results from chapter 4, where the vertical dynamics and the effect on the
course of wheel load due to controlling the shock absorbers were investigated, the effect
that a switching process of the active shock absorber has on the braking force and the
braking slip was determined. It was shown that the switching is capable of influencing the
longitudinal dynamics in both the time and the magnitude frame good enough to act as a
slip controller.

The results of the braking procedures show that there is a strong correlation between
the course of the integral of dynamic wheel load and the spring deflection. Thus, the body
movements are supposably responsible by the biggest part for the outcome of a braking
procedure. This means that on an ideally even road the quality of the controller should
remain unchanged compared to braking procedures on the ‘Standard Road’ or even on a
very rough road. This needs to be investigated in future test drives.

Furthermore, it is possible to reduce the braking distance by means of control of active
shock absorbers. The mean value of braking distances for the controlled cases is an average
of 1.3% smaller than for the best passive damping, which is statistically significant. The
integral of the square of longitudinal velocity with respect to the traveled distance, VI,
can be lowered by means of active shock absorbers compared to hard damping, too. For
both measurands dg and VI the controlled damping leads to better or equal results than
the respective best passive damping. Thus, the controller acts in two dimensions: It is not
only the braking distance which can be decreased, but it is also the damage probability in
case of a crash which is lowered by the controller.

Since the main assumptions of all model-thoughts and of the controller hold true for
every land-based vehicle with adjustable suspension parameters, the results are at least
transferable to other vehicles which have a suspension comparable to the one used in the
testing vehicle.
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6

6.1

Discussion and Qutlook

Results

In this thesis the influence of the vertical dynamics of a passenger car on the longitudinal
dynamics in the special case of full-braking has been investigated. The main results of this
thesis are the following:

Active shock absorbers can be operated in artificial characteristic lines which they
do not hold by construction, by switching from one request of wheel load to another,
rather than from hard to soft.

It could be shown that it is possible to purposefully influence the course of wheel load
by means of switching the active shock absorber from one artificial line to another.

The effect is the longer and stronger the greater the spreading of the active shock
absorber.

It was further shown that the relevant frequencies to influence the longitudinal dy-
namics by means of active shock absorbers on a road with a typical unevenness lie
below 5 Hz. It is mainly the oscillations of the body which are relevant in the given
context.

The connection between the vertical and the longitudinal dynamics was established
by introducing the wheel load integral as the connecting measurand.

It was shown that the effect of switching the shock absorber is feasible to influence
the longitudinal dynamics both in the time and in the magnitude frame.

A testing procedure was defined which allows to determine deviations in braking
distance of 0.25 %.

In test drives on a typical road starting from an initial velocity of 70km/h it was
shown that it is in fact possible to shorten the braking distance significantly by means
of the controller developed.

It was furthermore shown that not only the braking distance can be shortened,
but at the same time the quality of the braking procedure can be enhanced by
reducing the kinetic energy earlier (in the distance domain) than the hard damping
does. The suggested controller thus exceeds both passive damper settings in two
different disciplines independently from each other at the same time. It connects the
advantages of both passive damper settings.

The results were gained by using a testing vehicle from the compact class. They ought
to be discussed in the following sections.
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6 Discussion and QOutlook

6.2 Transferability of Results

As could be seen in section 4.6.3, switching the active shock absorber and its effect on the
vertical dynamics of a passenger car can be modeled very well with a quarter-car model.
The results do not depend heavily on parameter variations, which shows that they can
be transferred to other passenger cars with different masses, spring stiffness, and damping
coefficients easily. The main assumptions which underlie the conclusions drawn from the
results of the experiments concerning only the vertical dynamics are: A heavy body mass
is carried by a suspension of a kind such that it is capable of oscillations. During those
oscillations, one of the system parameters is switched, which leads to a change in wheel
load.

As long as a suspension system can be described in the above manner, the results of
switching the shock absorber with respect to the vertical dynamics should be similar to
the ones obtained in this thesis. By parameter variations in a simulation model it could
furthermore be shown that an increasing spreading of the active shock absorber also lets
the effect on the wheel load increase.

With regard to the connection between the vertical and the longitudinal dynamics the
principle thoughts still hold true. As long as there is a wheel which is clamped between the
braking torque and the braking force, it holds true that by means of the vertical dynamics
via the wheel load and the braking force, the braking slip can be influenced. But here the
limitations on the transferability are more strict than when looking at only the vertical
dynamics. The tire and the contact between tire and pavement play major roles in the
transferability, so does the mass moment of inertia of the wheels.

The tire has an influence on the transferability in several ways: Firstly, because with it
the vertical stiffness of the wheel can be changed. However, if the results which suggest that
the part of the dynamic wheel load causing vertical wheel oscillations is of less importance
than the part causing vertical body oscillations could be found again in other vehicles,
the vertical stiffness of the tire should not influence the quality of the braking distance
controller by much. Secondly, because the form of the p-slip curve has an influence on
how strongly the braking slip changes due to an intervention in the vertical dynamics.
Furthermore, during braking on snow or on broken stones, the maximum of the u-slip
curve lies at A\g = 1 and therefore the controller proposed would not enhance the braking
performance, because the controller objective would need to be adjusted. This point
influences the whole transferability: the parameter which need to be determined for another
car newly. However, the structure of the model does not change.

In the testing vehicle the mass moment of inertia of a wheel at the front axle is much
higher (by factor 3-6) than the one of a wheel at the rear axle. This is due to the fact
that the mass moment of inertia of the engine has to be counted at the front axle as
well, because the testing vehicle is front wheel driven. If the test drives concerning the
connection between vertical and longitudinal dynamics were executed with a vehicle with
rear wheel drive, the mass moment of inertia would be much smaller than it was during
the test drives of this thesis. It is possible that for a rear wheel driven vehicle the effect of
changing slip and braking force at the front axle would be even higher than in this thesis.
This already holds true if the test drives had been executed with the clutch decoupled,
because then the mass moment of inertia of the engine would have been decoupled from
the front axle’s wheels. For experimental reasons this was not possible. Thus, it might be
that even for the given testing vehicle the effect of switching the shock absorber on the
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braking slip could be greater than it was in the test drives as executed.

With regard to the braking distances obtained, there is the problem that within the
frame of this thesis only one set of parameters has been investigated in detail. A causal
connection between the vertical and the longitudinal dynamics has been established by
means of the wheel load integral. Applying this connection to the testing vehicle led to a
significant reduction in braking distance. Thus, it is proved that it is in fact possible to
reduce the braking distance by means of active shock absorbers in general. But still lots of
parameter variations need to be undertaken to try to falsify the model built in this thesis.
Only if this model stands these tests with different parameters, can it be named proven.

6.3 Relevance of Results for Other Systems

In this thesis the ABS- and the shock-absorber controller work completely independently
from each other. Neither does the ABS ‘know’ of the possibility to influence wheel load,
nor does it ‘know’ of wheel load induced slip oscillations. But with the wheel load integral
a measurand is introduced which can support the ABS. By means of this measurand the
wheel-load induced shoots in braking slip can be detected and treated separately from
braking-torque induced ones. This knowledge helps to improve the control algorithms of
today’s ABS-controllers.

Another industry which could make use of the knowledge gained in this thesis is the
aircraft industry. The braking behavior of airplanes could also be improved by using the
results of this thesis. Kriiger! suggested this already in his thesis in 2000. Looking at the
braking distance of passenger airplanes, there is also a potential to enhance the braking
performance by means of semi-active suspension. An airplane today lands with a speed
of approximately 250 km/h and starts to break with reverse thrust. From approximately
100-150 km/h, depending on the situation, down to rest, the kinetic energy is dissipated
by the wheel brakes—similar to a passenger car. The ABS, which is also used in airplanes,
could be supported by semi-active suspension in the same manner as proposed in this
thesis.

The methods can also be used for motorcycles. There they should lead to even better
results, because no coupling exists between right and left track, simply because there is no
right and left track. Thus, switching the shock absorber cannot influence the other side
negatively. Moreover, the spring travel for motorcycles is greater than the one for cars.
Thus, the Effect Time should be longer and the relative Effect Magnitude greater than for
cars.

Furthermore, not only the braking performance but also the acceleration of a vehicle
could be improved. Especially for very powerfully motorized vehicles with front wheel drive,
the controller presented in this thesis could help to prevent wheelspin. The connection
established in this case would be between the TSC and the shock absorber controller rather
than between the ABS and shock absorber controller. Influencing braking or transmission
slip does not make a different for the proposed controller.

Leaving the longitudinal dynamics, the results and the conclusions of this thesis provide
the other driving dynamics controller, especially the ESP, with a tool to purposefully
increase or decrease the wheel load. This could help to prevent ESP-interventions when

'Kriiger (2000): Integrated Design Process for the Development of Semi-Active Landing Gears for Trans-
port Aircraft.
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6 Discussion and QOutlook

driving in curves or on handling tracks. Basically, every controller which needs to have
an influence on the angular velocity of a single wheel can make use of the MiniMax- and
slip-controller proposed.

6.4 Outlook

In this thesis the connection between the vertical dynamics of a passenger car and its
longitudinal dynamics has been established. It is now known how the vertical oscillations
influence the wheel’s slip, may it be the braking or the transmission slip. Furthermore, it
became clear that it is the low frequency oscillations of wheel load which are responsible
for changes in braking slip. This knowledge could in the long run be implemented into
series applications, where right now the shock absorbers are switched to a passive damping
during ABS-braking.

A crucial aspect concerning one of the controller inputs is the determination of the
damper velocity. In this thesis this was done by means of spring deflection sensors. In fact,
it is only the sign of the damper velocity which is needed for the proposed controller. Thus,
a simpler solution to determine this controller input could be to work with switches within
the shock absorber which are combined with the valves’ opening condition. Since there
are always valves in a shock absorber which are only opened for one direction (rebound
or compression), by applying a switch to them that provides with information about the
opening condition it is possible to gain a digital signal about the sign of the damper
velocity.

Another solution could be to use shock absorbers which have different active valves for
rebound and compression. In this case the MiniMax-controller would shrink to only two
fields and only one input: the request of wheel load F}eq. This solution would therefore
provide with a tool whose only input is the request how the course of wheel load should
change in the future. This would be a tool which could be mantled into a suspension
system in a very modular way.

Since the results in this thesis were gained from only one set of parameters, in the first
step it is necessary to confront the controller with changing parameters. The next steps
here should be:

e Test drives on other types of roads, like

— An ideally flat road to determine if the effect of shortening the braking distance
still occurs there. If this was the case, it would suggest that the oscillations of
wheel load due to movements of the vehicle’s body have a higher influence on
the braking distance than the ones due to wheel oscillations do.

— A very rough road, again to determine how the difference in ratio between
wheel and body part of wheel load oscillations affects the controller’s quality.
The assumption here is that the controller works not significantly worse than
on a typical pavement.

— Low-u conditions. Here the ABS-controller has, compared to the wheel-load
controller, a higher influence on the braking slip, for the wheel load has to be
translated into braking torque first. This works worse for low-u than for high-
i conditions. Yet the ABS does not face this problem. The braking torque
applicable by it is independent of the tire/pavement friction conditions.
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e An additional definition of the Effect Magnitude with respect to the integral of wheel
load should be introduced to measure the effect until the wheel load integral passes
zZero.

e Not only the switching process from hard to soft and vice versa, but also the switching
process from one artificial characteristic line to another should be investigated in more
detail.

e Test drives with the clutch decoupled right from the beginning of the braking proce-
dure in order to reduce the mass moment of inertia of the front axle’s wheels.

e Test drives for varying initial velocities. Assuming that soft damping takes advantage
of the first strong pitching right after the beginning of the braking procedure, this
influence should become relatively smaller for higher initial velocities. Thus, the
assumption is that soft damping should be worse compared to hard damping at
higher velocities.

e Measuring of the p-slip curve on the test track ‘Standard Road’ in order to determine
the benchmark for the shock-absorber controller with respect to braking distance.
Which amount of improvement is possible at all, measured in terms of difference
between fimax and fimean?

One aspect which was not covered in this thesis is the microscopic modeling of the
force transmission in the tire contact zone. The wheel load integral shows the direction of
how the connection between vertical and longitudinal tire forces looks like, but the model
uncertainties are greater than the reduction in braking distance. Thus, it was not possible
to reproduce the results from real test drives with a simulation model of the longitudinal
dynamics. If such a model was at hand and was validated, it would safe lots of experimental
test effort. With the experimental data gained in this thesis it is now possible to optimize
numerical models of the braking procedure.

By introducing the wheel load integral, the connection between vertical and longitudinal
dynamics has been established. It is also possible to establish the connection between
vertical and lateral dynamics. The side slip could be influenceable by the active shock
absorbers as well. This ought to be investigated in more detail, because in lateral direction
the wheel is not spinning and therefore the transfer mechanism is supposably different and
needs to be discovered.

Once the connection between the vertical and the total horizontal dynamics is drawn
and fully understood, the next step can be to implement the knowledge gained into a global
chassis controller (GCC). The vertical dynamics would then no longer be decoupled from

a conscious connection to the horizontal dynamics. This is the next step on the way to a
GCC.
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7 Summary

When it comes to the design of a suspension system, a classic conflict needs to be solved:
One fixed set of suspension parameters may lead to the best result with respect to handling
performance for one given driving maneuver. Changing the type of maneuver, however,
changes the demand on the suspension and therefore leads to a different solution for the
optimal set of suspension parameters. Such a change may take place even during one
single driving maneuver. To treat this conflict in a better manner, semi-active suspension
systems can be used.

This thesis presents a control algorithm for a semi-active suspension system with the
objective to reduce the braking distance of passenger cars. Active shock absorbers are
controlled and used to influence the vertical dynamics during ABS-controlled full braking.
This thesis’ objective is to determine if it is possible to affect the longitudinal dynamics
in an aimed way under close to reality conditions by means of controlling the vertical
dynamics. Results of previous research work by Reichel® already suggested that this could
be possible. He showed for a braking maneuver with constant velocity (front axle braking,
rear axle powering) and for a specific obstacle that the longitudinal dynamics can in fact
be influenced positively.

For a standard tire in standard conditions (dry or wet asphalt) the maximum braking
force is applied to the ground at a braking slip level which lies between zero and one. For
slip equal to zero no braking force is applied at all, for slip equal to one the braking force
generally is smaller than at its maximum. Furthermore, a today’s ABS-controller is not
able to keep the braking slip at the optimal level during the whole braking process, because
the braking slip is not only controlled by the braking torque but also by the actual wheel
load—a quantity which cannot be influenced by the ABS-controller. The ABS-controller
can only react on whatever happens in the wheel’s vertical direction. Due to those facts
there is still a gap between optimal braking distance and realized braking distance. This is
why it is possible to increase the average braking force and to decrease the braking distance
at all.

The approach presented in this thesis makes use of a switching control logic, called
MiniMax-controller. It is named after the fact that it changes the active shock absorbers’
setting only from soft to hard damping and vice versa. The damper settings between those
extrema are no selectable states for the controller. In test rig trials on a 4-post test rig
it is shown that by switching the shock absorber it is possible to purposefully increase
or decrease the wheel load in a time and magnitude frame which is utilizable for braking
procedures. The same holds true for the braking force and the braking slip. Increasing and
decreasing in this context always refers to the course of the respective quantity which would
have been established if the shock absorber had not been switched. Hence, the active shock
absorber can be treated as a quasi-active element. The energy of those elements mostly

!Reichel (2003): Untersuchungen zum Einfluss stufenlos verstellbarer Schwingungsdidmpfer auf das insta-
tiondre Bremsen von Personenwagen p. 102.
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comes from the potential energy of the body.

The effect which is caused by switching the active shock absorber takes place after a
certain amount of time. The wheel load does not change its value immediately, but it
rather takes approximately 25ms for the wheel load to increase or decrease. After this
period of time the wheel load changes its former value continuously. It is shown that the
wheel load’s integral with respect to time is connected to the braking slip. A short drop of
wheel load does not affect the braking slip, because it takes time for the wheel to change
its angular velocity due to its mass moment of inertia. If the drop of wheel load holds on
for a longer time, which will also lead to a drop of the integral of wheel load, the braking
slip will increase. At the same time a rising integral of wheel load lowers the braking slip.
This is shown in braked test drives. Hence, a connection between the vertical and the
longitudinal dynamics of a vehicle is established.

With this knowledge gained it is possible to control the active shock absorbers in a way
that the wheel load is increased—and with it the integral of wheel load—at the right time.
The right time is measured in terms of a too negative integral of wheel load. By switching
the shock absorber, this integral and with it the wheel velocity is increased. Thus, the
braking slip is lowered and kept at a level where the tire can transmit the maximum braking
force.

Applying the switching logic to a real car and defining a setting for test drives which
allows to determine the braking distance in a high accuracy, it could be shown that,
generally speaking, it is possible to reduce the braking distance by affecting on the vertical
dynamics of a passenger car. On a road with an unevenness like a typical German Autobahn
and for an initial velocity of 70km/h it is possible to reduce the braking distance by an
average of 1.3% compared to the best passive damping. The reduction is statistically
significant. Furthermore, the integral of the square of the longitudinal velocity with respect
to the traveled distance, which is a measure for the probability of a high damage in case
of a crash, could be reduced as well, and at the same time as the braking distance was
reduced.

Uncertainties in the determination of the proper switching time in a real car cause high
deviations of those results. Not for every single braking process is it possible to obtain a
shorter braking distance by controlled shock absorbers than with a constant setting. But
the mean value for controlled damping is smaller and the standard deviation could also
be decreased. The same control algorithm as it is used in this case could be applied to
other situations, as for example braking in curves or enhancing the performance of the
ESP-controller.

All the results of this thesis were gained by using the longitudinal and the vertical
controller—namely the ABS- and the active-shock-absorber controller—at the same time
but independently from each other. Since the positive effect of the switching of the active
shock absorbers is always followed by a negative effect, the full effectiveness of a controller
of the vertical dynamics in terms of shorter braking distance can only be gained if the
controller interacts with the ABS-controller. It is therefore essential to combine both
strategies, to let the ABS know about what the active shock absorber will do in the next
time step and vice versa. The results of this thesis not only let expect an improvement of
braking performance but also an improvement of any other kind of controller of horizontal
tire forces by a combination of vertical and horizontal control strategies—which is yet
another step on the way to a global chassis control that includes every chassis control
functionality.
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(E39) unter SIMPACK (Design and Parametrization of a Simulation Model of a
BMW 535i (E39) with SIMPACK). November 2004, Diplomarbeit no. 366/04 at the
Chair of Automotive Engineering at Technische Universitdt Darmstadt

Cruces Vallejo, Pablo: Untersuchungen zur Interaktion von ABS- und Ver-
stellddmpferregelung im Fahrversuch (Investigation of the Interaction of ABS- and
Adaptive Damper Control in Test Drives). December 2005, Diplomarbeit no. 387/05
at the Chair of Automotive Engineering at Technische Universitdt Darmstadt, ac-
cepted at Universitat Politecnica de Catalunya, Spain

Duddek, Moritz: Implementierung und Untersuchung der sogenannten MiniMax-
Strategie zur Regelung von Verstellddmpfern unter realen Fahrbedingungen (Imple-
mentation and Investigation of the so called MiniMax-Strategy for the Control of
Active Shock Absorbers within Close-to-Reality Test Drives). May 2006, Diplomar-
beit no.396/05 at the Chair of Automotive Engineering at Technische Universitit
Darmstadt

Fuchs, Julian: Ermittlung der Radlast mithilfe serientauglicher Messgroen (Determi-
nation of Wheel Load With Ready for Series Measurands). November 2004, Studien-
arbeit no.869/04 at the Chair of Automotive Engineering at Technische Universitit
Darmstadt

Fujara, Marian: Aufbau und Parametrisierung eines Simulationsmodells eines Opel
Astra unter Vedyna (Design and Parametrization of a Model of an Opel Astra Wi-
thin Vedyna). February 2005, Diplomarbeit no.379/04 at the Chair of Automotive
Engineering at Technische Universitit Darmstadt, accepted at Fachhochschule Dort-
mund
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Harchut, Frank: Ermittlung der Bremsenergie am Viertelfahrzeugmodell und im Fahr-
versuch (Determination of Braking Energy in a Vehicle Model and in On Road Ex-
periments). November 2004, Studienarbeit no.870/04 at the Chair of Automotive
Engineering at Technische Universitit Darmstadt

Hemm, Markus: Erstellen und Implementieren von Regelungskonzepten zur Bremsweg-
verkiirzung am 2D-Einspurmodell (Design and Implementation of Control Strategies
for Braking Distance Reduction in a 2D-Single-Lane-Model). February 2005, Diplom-
arbeit no.372/04 at the Chair of Automotive Engineering at Technische Universitét
Darmstadt

Huckauf, Felix: Konzeption und Aufbau eines Bremsautomaten fiir Fahrversuche zur
Verstellddmpferregelung (Design and Implementation of a Braking Machine). June
2005, Studienarbeit no. 880/04 at the Chair of Automotive Engineering at Technische
Universitit Darmstadt

Koenen, Jan: Modellidentifikation und Untersuchung der Regelstrecke in ABS-geregelten
Fahrversuchen in Kombination mit einer semi-aktiven Radaufhéingung (Model Identi-
fication and Investigation of the Control Path in ABS-Controlled Road Trials in Com-
bination with Semi-Active Suspension). November 2005, Studienarbeit no. 890/05 at
the Chair of Automotive Engineering at Technische Universitdt Darmstadt

Krpo, Kenan: Untersuchungen zur Auswirkung des Umschaltvorgangs von Ver-
stellddimpfern auf die Radlast und den Schlupf in gebremsten Fahrversuchen (Ex-
perimental Braking Testing to Determine the Influence of Switching of Active Dam-
pers on Wheel Load and Slip). March 2006, Studienarbeit no.906/05 at the Chair of
Automotive Engineering at Technische Universitdt Darmstadt

Laketic, Radoica: Implementierung und Untersuchung der sogenannten MiniMax-
Strategie zur Regelung von Verstelldimpfern unter realen Fahrbedingungen (Imple-
mentation and Investigation of the so called MiniMax-Strategy for the Control of
Active Shock Absorbers within Close-to-Reality Test Drives). June 2006, Master’s
Thesis no. 397/05 at the Chair of Automotive Engineering at Technische Universitit
Darmstadt

Luft, Mirko: Konzeption und Durchfiihrung von Fahrversuchen zur Validierung eines 2D-
Einspurmodells (Conception and Execution of Experiments to Validate a 2D-Pitch
Model). July 2004, Studienarbeit no.864/04 at the Chair of Automotive Engineering
at Technische Universitdt Darmstadt

Matl, Matthias: Untersuchung zum Zeitverzug in Regelkreisen zur Verringerung
der Radlastschwankung und Erhéhung der Bremskraft im Fahrbetrieb durch Ver-
stellddmpfer (Investigation on Time Delays in Control Circuits to Reduce the Os-
cillation of Wheel Force and to Increase the Brake Force by Adaptive Dampers).
December 2005, Diplomarbeit no. 393/05 at the Chair of Automotive Engineering at
Technische Universitdt Darmstadt

Puff, Matthias: Auswahl, Aufbau und Inbetriebnahme eines Messsystems zur Regelung
adaptiver Verstellddmpfer im Pkw (Election, Assembling and Initial Operation of a
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Measuring System for Automatic Control of Adaptive Shock Absorber Systems in
Passenger Cars). February 2005, Studienarbeit no. 872/04 at the Chair of Automotive
Engineering at Technische Universitit Darmstadt

Redelbach, Martin: Konzeption, Planung und Durchfiihrung von Experimenten zur
Validierung eines 2D-Nickmodells eines Pkws (Conception, Planning and Execution
of Experiments to Validate a 2D-Pitch Model of a Car). November 2006, Studien-
arbeit no.921/06 at the Chair of Automotive Engineering at Technische Universitit
Darmstadt

Reinhard, Bjorn-Hendrick: Modellidentifikation und Bewertung ausgewihlter Regel-
strategien zur Beeinflussung der Radlastschwankung im Priifstands- und Fahrversuch
(Model Identification and Benchmarking of Selected Control Strategies for Wheel
Load Impact on a Test Stand and in Road Trials). July 2005, Diplomarbeit no. 382/04
at the Chair of Automotive Engineering at Technische Universitdt Darmstadt

Ruiz Ortega, Manuel: Entwicklung und Implementierung einer Strategie zur Regelung
von Verstellddmpfern mit dem Ziel der Bremswegverkiirzung (Design and Implemen-
tation of a Control Strategy for Active Damper to Shorten the Braking Distance).
December 2006, Diplomarbeit no.407/06 at the Chair of Automotive Engineering at
Technische Universitdt Darmstadt

Schramm, Thomas: Klassifizierung von Straflenabschnitten anhand des Hohenprofils
der Fahrbahnoberfliche (Classification of Roads on Basis of the Vertical Pavement
Profile). April 2005, Studienarbeit no. 878/04 at the Chair of Automotive Engineering
at Technische Universitdt Darmstadt

Vulpius, Andreas: Potentialabschitzung zur Bremskrafterh6hung mittels des Selbst-
pumpereffekts von Verstellddmpfern (Estimation of the Potential to Increase the Bra-
king Force by Taking Advantage of the Self Pumping Effect of Adaptive Dampers).
January 2006, Studienarbeit no.901/05 at the Chair of Automotive Engineering at
Technische Universitdt Darmstadt

Wejwoda, Matthias: Entwicklung und Validierung eines Verfahrens zur fahrzeugauto-
nomen Bestimmung des Héhenprofils realer Fahrbahnoberflichen (Development and
Validation of a Procedure for the Vehicle-Autonomous Determination of the Vertical
Pavement Profile). April 2005, Studienarbeit no.879/04 at the Chair of Automotive
Engineering at Technische Universitdt Darmstadt

Wolf, Daniel: Implementierung von Regelstrategien zur Bremswegverkiirzung durch Ver-
stellddmpfersysteme (Implementation of Control Strategies to Combine Braking and
Adaptive Damping Systems Heading to a Reduced Braking Distance). June 2005,
Diplomarbeit no.376/04 at the Chair of Automotive Engineering at Technische Uni-
versitit Darmstadt, research work executed at BMW AG, Munich
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Situations by Control of Semi-active Suspension. In Proceedings of ESDA 2006, 8th
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Niemz, Tobias/Winner, Hermann: Reduction of Braking Distance by Control of
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Semi-Active Suspension. In Proceedings of EAEC 2007, 11th European Automoti-
ve Congress, Budapest, Hungary. The Scientific Society of Mechanical Engineers
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